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PISTON




PISTON

The piston is a disc which reciprocates within a cylinder. It is either moved by the fluid or
it moves the fluid which enters the cylinder. The main function of the piston of an
internal combustion engine is to receive the impulse from the expanding gas and to
transmit the energy to the crankshaft through the connecting rod. The piston must also
disperse a large amount of heat from the combustion chamber to the cylinder walls.
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Fig.Piston for i.c Engine

The piston of internal combustion engines are usually of trunk type as shown in Fig.32.3.
Such pistons are open at one end and consists of the following parts :

HEAD OR CROWN: The piston head or crown may be flat, convex or concave depending
upon the design of combustion chamber. It withstands the pressure of gas in the cylinder.

PISTON RINGS: the piston rings are used to seal the cylinder in order to prevent leakage
of the gas past the piston.

SKIRT: The skirt acts as a bearing for the side thrust of the connecting rod on the walls of
cylinder.

PISTON PIN: It is also called gudgeon pin or wrist pin. It is used to connect the piston to
the connecting rod.




DESIGN CONSIDERATIONS FOR A PISTON

In designing a piston for I.C. engine, the following points should be taken into
consideration :

1. It should have enormous strength to withstand the high gas pressure and inertia

forces.

. It should have minimum mass to minimise the inertia forces.

. It should form an effective gas and oil sealing of the cylinder.

. It should provide sufficient bearing area to prevent undue wear.

. It should disprese the heat of combustion quickly to the cylinder walls.

. It should have high speed reciprocation without noise.

. It should be of sufficient rigid construction to withstand thermal and mechanical
distortion.

. It should have sufficient support for the piston pin.

PISTON MATERIALS

Since the piston is subjected to highly rigorous conditions, it should have enormous
strength and heat resisting properties to withstand high gas pressure. Its construction
should be rigid enough to withstand thermal and mechanical distortion. Also the piston
should be operated with least friction and noiseless. The material of the piston must
possess good wear resisting operating temperature and it should be corrosive resistant.

The most commonly used materials for the pistons of I.C engines are cast-iron, cost-
aluminium, forged aluminium, cast steel and forged steel. Cast iron pistons are used for
moderate speed i.e below 6m/s and aluminium pistons are employed for higher piston
speeds greater than 6 m/s.

DESIGN OF PISTON
When designing a piston, the following points must be considered such as

. Adequate strength to withstand high pressure produced by the gas.

. Capacity of piston to withstand high temperature.

. Scaling of the working space against escape of gases.

. Good dissipation of heat to the cylinder wall

. Sufficient projected area (i.e surface area) and rigidity of the barrel.

. Minimum loss of power due to friction.

. Sufficient length to have better guidance and so on. The dimentions of various parts of
the trunk-type piston are determined as follows.




PISTON HEAD

The piston head or crown is designed keeping in view the following two main
considerations, i.e.

1. It should have adequate strength to withstand the straining action due to pressure of
explosion inside the engine cylinder, and

2. It should dissipate the heat of combustion to the cylinder walls as quickly as possible.

On the basis of first consideration of straining action, the thickness of the piston head is
determined by treating it as a flat circular plate of uniform thickness, fixed at the outer
edges and subjected to a uniformly distributed load due to the gas pressure over the
entire cross-section.

Based on strength consideration, the thickness of the piston head (t1 ), according to

Grashoff’s formula is given by

3pmD?2
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t1 =

where p,, = Maximum gas pressure N/mm?

D = Allowable of piston or cylinder bore(mm)

0yp =Allowable tensile stress of the piston material

=35 to 40 N/mm? for cast iron
= 60 to 100 N/mm? for steel

=50 to 90 N/mm? for aliminium alloy

Based on heat dissipation, the head thickness is determined as,

~ 1000H
T 12.56k(Tc —Te)

t; m

where H= Heat following through the head (KW)
H=CxmxC,xPg

C =Constant (Usually 0.05). It is the piston of the hat supplied to the engine which is
absorbed by the piston.

m = mass of the fuel used (i.e fuel consumption) (kg/kw/s)




C, = Higher calorific value of the fuel(KJ/kg)
= 44 x103 KJ/kg for diesel fuel
=11 x103 KJ/kg for petrol fuel.

Pg = Brake power of the engine per cycle (KW)

_ PmbLAn W
~ 60000000

Pmb= Brake mean effective pressure (N/mm?)
L= stroke length (mm)
A= Area of piston at its top side (mm?)
n= Number of power strokes per minute
K= Heat conductivity factor (kw/m/°C)
= 46.6 x 107 for cast iron
=51 x 107 for steel

=175 x 1073 for aluminium alloys

T.= Temperature at the centre of piston head (°C)

Te= Temperature at the edge of piston head (°C)
=75 °C for aluminium alloys

RIBS:

To make the piston rigid and to present distortion due to gas load and connecting rod,
thrust, four to six ribs are provided at the inner of the piston. The thickness of rib is
assumed as t,=(0.3 to 0.5)t;

Where t; is thickness of the piston head.
PISTON RINGS:

To maintain the seal between the piston and the inner wall of the cylinder, some split-
rings called as piston rings are employed. By making such sealing the escape of gas
through piston side-wall to the connecting rod side can be prevented. The piston rings
also serve to transfer the heat from the piston head to cylinder walls.

With respect to the location of piston rings, they are called as top rings, or bottom rings.
Rings inserted at the top of the piston side wall are compression rings which may be 3 to




4 for automobiles and air craft engines and 5 to 7 for stationary compression ignition
engines. Rings inserted at the bottom of the piston side wall are oil scraper rings, used to
scraps the ol from the surface liner so as to minimize the flow of oil into the combustion
chamber. The number of oil scrapper rings may be taken as 1 to 3. In the oil rings, the
bottom edge is stepped to drain the oil.

The compression rings (i.e top side piston rings) are made of rectangular cross-section
and their diameters are made slightly larger than the bore diameter. A part of the ring is
cut off in order to permit the ring to enter into the cylinder liner.

Due to difference of diameters between the piston rings and liner, a pressure is exerted
on the liner by the piston rings. Sufficient clearance should be given, between the cut
ends (i.e free ends) of the piston-rings in order to prevent the ends contact at high
temperature by thermal expansion.

Usually the piston rings are made of alloy cast iron with chromium plated to possess good
wear resisting qualities and spring characteristics even at high temperatures. When
designing on the liner wall should be limited between 0.025 N/mm? and 0.042 N/mm?.

Let t3 = radial thickness of piston rings
t4 = Axial thickness of piston rings
p.= contact pressure (i.e wall pressure) in N/mm?

Now radial thickness

3Pc
t; =D |[— mm

and the axial thickness t; =(0.7 to 1) t3

or by empirical relation

where D = Bore diameter mm

ob= Allowable bending stress of ring material N/mm? = Alloy cast iron 84 to 112 N/mm?

| = Number of rings.

Due to some advantages like, better scaling action, less wear of lands etc,. usually thinner
rings are preferred. The first ring groove is cut at a distance of t1 to 1.2t1 from top.

The lands between the rings may be equal to or less than the axial thickness of ring t4.
The gap between the free ends of the ring is taken as

C=(3.5t04)t3




Where t3 is the radial thickness of ring.
PISTON BARREL:

The cylindrical portion of the piston is termed as piston barrel. The barrel thickness may
be varied (usually reduced) from top side to bottom side of the piston. The maxmum
thickness of barrel nearer to piston head is given by, t5 = 0.03D+b+4.5 mm

Where b= radial depth of ring-groove b= t3+0.4mm
The thickness of barrel at the open end of the piston,t6=(0.25 to 0.35) t5 mm
PISTON SKIRT

The portion of the piston barrel below the ring selection upto the open end is called as
portion-skirt. The piston skirt takes up the thrust of the connecting rod. The length of the
piston skirt is selected in such a way that the side thrust pressure should not exceed 0.28
N/mm2 for slow speed engines and 0.5 N/mm2 for high speed engies.

The side thrust force is given by,

Fs = uFg

Where u = coefficient of friction between lines and skirt=(0.03 to 0.1)
Fg= Gas force =% D?p,,

side thrust fprce _ Fs

The side thrust pressure = =
P » Ps projected area LsxD

Length of skirt (Ls) =P:—iD where D = Bore diameter.

LENGTH OF PISTON

The length of piston, Lp can be obtained as
Lp= Ls + Length of ring section + Top land
Empirically Lp= D to 1.5D

GUDGEON PIN or PISTON PIN

The piston pin should be made of case hardened alloy steel containing nickel, chromium,
molybdenum etc with ultimate strength of 700 to 900 N/mm2 in order to with stand high
gas pressure. The piston pin is designed based on the bearing pressure consideration.

Let I= length of piston pin, d= diameter of piston pin, pb= Allowable bearing pressure for
piston pin=15 to 30 N/mm?2.

Bearing strength of piston pin Fb=Bearing pressure x Projected area




Fb= pb.l.d

By equatning this bearing strength to gas force Gg, we get

Pb.l.d = Fg (there fore Fg =% D?p,,)

Usually, I/d=1.5t0 2.

The piston pin is checked for bending as, the induced bending stress

_32M

% = d3

<O—b

FgD

where M = Bending moment = .

D=Bore diameter
Fg= gas force

op = Allowable bending stress= 84N/mm?2 for case hardened steel and 140 N/mm?2 for
heat treated alloy steel

The gudgeon pin is fitted at a distance of (Ls/2 ) from open end where Ls is the skirt-
length.

PISTON CLEARENCE

Proper clearance must be provided between the piston and liner to take care of thermal
expansion and distortion under load. Usually the clearance may be between 0.04mm to
0.20 mm, depending upon the engine design and piston dia. small clearance may be
adopted for the pistons cooled by oil(or) water.




Example 32.2. Design a cast iron piston for a single acting four stroke engine for the following
data:

Cylinder bore = 100 mm ; Stroke = 125 mm ; Maximum gas pressure = 5 N/mm’ ; Indicated
mean effective pressure = 0.75 N/mm? ; Mechanical efficiency = 80% ; Fuel consumption = 0.15 kg
per brake power per hour ; Higher calorific value of fuel = 42 x 10° kJ/kg ; Speed = 2000 rp.m.

Any other data required for the design may be assumed.

Solution. Given : D =100 mm ; L =125 mm=0.125m: p = 5 N/mm* : p, = 0.75 N/mm?*;
.T]m =80%=08:m=0.15kg /BP/h=41.7 x 108kg /BP/s; HCV =42 x 10° kJ / kg :
N=2000r.p.m.

The dimensions for various components of the piston are determined as follows :

1. Piston head or crown

The thickness of the piston head or crown is determined on the basis of strength as well as on the

basis of heat dissipation and the larger of the two values 1s adopted.

We know that the thickness of piston head on the basis of strength,

_ [3p.D> _ [3x5(100)° 55 g 16
MT\T60, | lexszs >/ swiomm

...(Taking ©, for cast iron = 38 MPa = 38 N/mm?)

Since the engine is a four stroke engine, therefore, the number of working strokes per minute,
n=N/2=2000/2=1000

and cross-sectional area of the cylinder,
n D? 7 (100)*

A = = = 2
1 1 7855 mm

We know that indicated power,

PmL.An  0.75x0.125 x 7855 x 1000
60 60

= 1227 kW

. Brake power, BP =1IP xn, =12.27x0.8 =98 kW it M, =BP/IP)
We know that the heat flowing through the piston head,
H=CxHCV xmxBP

=0.05x42 x10°>x41.7x10%x9.8=0.86 kW =860 W
....(Taking C = 0.05)

=12270 W

IP =

.. Thickness of the piston head on the basis of heat dissipation,
P 860
o~ 1256 k(T- - T;) T 12.56 x 46.6 x 220
...(*s For cast iron , k= 46.6 W/m/°C, and T, — T, = 220°C)
Taking the larger of the two values, we shall adopt
t; = 16 mm Ans.
Since the ratio of L / D 1s 1.25, therefore a cup in the top of the piston head with a radius equal
to 0.7 D (i.e. 70 mm) is provided.

=0.0067m = 6.7mm




2. Radial ribs
The radial ribs may be four in number. The thickness of the ribs varies from #,/ 3 to 7,/ 2.
. Thickness of the ribs, 7, =16/3to 16/2=5.33 to 8 mm
Let us adopt trp = 7 mm Ans.
3. Piston rings

Let us assume that there are total four rings (i.e. #n, = 4) out of which three are compression rings
and one is an oil ring.

We know that the radial thickness of the piston rings,

=D /—35”’ - 1001/—“86035 = 3.4mm
t

.{(Taking p_ = 0.035 N/mm?, and G, =90 MPa)

and axial thickness of the piston rings
t, =07t tor;=0.7x3.41t03.4mm =238 to 3.4 mm
Let us adopt t, = 3 mm

We also know that the minimum axial thickness of the pistion ring,
4 = D 100
2 10n, 10x4
Thus the axial thickness of the piston ring as already calculated (i.e. L=3 mm)is satisfactory. Ans.

=2.5mm

The distance from the top of the piston to the first ring groove, i.e. the width of the top land,
b =t;t012,=16t0 1.2 x 16 mm =16 to 19.2 mm
and width of other ring lands,
by = 075 L;to 1, =075 X § te 3:mm = 2.25 to 3:mm
Let us adopt b, = 18 mm ; and b, =2.5 mm Ans.
We know that the gap between the free ends of the ring,
G, =35¢todr=35%x341t04x3.4mm=11.9to 13.6 mm
and the gap when the ring is in the cylinder,
G, = 0.002 D to 0.004 D = 0.002 x 100 to 0.004 x 100 mm
=0.2t0 0.4 mm
Let us adopt G,=12.8 mm ; and G, = 0.3 mm Ans.
4. Piston barrel

Since the radial depth of the piston ring grooves (b) is about 0.4 mm more than the radial
thickness of the piston rings (#,), therefore,

b=t+04=34+04=3.8mm
We know that the maximum thickness of barrel,
t; =0.03D+bH+4.5mm=0.03 x100+3.8+4.5=11.3 mm
and piston wall thickness towards the open end,
f; = 025410035 =025 ¥ 11.3100.35 ¥ 11.3 = 2.8 {0 3.9 mm
Let us adopt f, = 3.4mm




5. Piston skirt
Let [ = Length of the skirt in mm.
We know that the maximum side thrust on the cylinder due to gas pressure ( p ),

2 2
R =u><nf Xp:O.lx@

X 5=3928 N
...(Taking L =0.1)
We also know that the side thrust due to bearing pressure on the piston barrel ( p, ),
R =p,xDx1=0.45x100x[=45IN
...(Taking p, = 0.45 N/mm?)
From above, we find that
451 = 3928 or [=3928 /45 =87.3 say 90 mm Ans.
.. Total length of the piston,
L = Length of the skirt + Length of the ring section + Top land
=1+(4¢t,+3b)+b,
=90+ (4 x3+3x3)+18=129 say 130 mm Ans.
6. Piston pin
Let d, = Outside diameter of the pin in mm,
[, = Length of pin in the bush of the small end of the connecting rod in
mm, and

Py = Bearing pressure at the small end of the connecting rod bushing in
N/mm?. It value for bronze bushing is taken as 25 N/mm?.
We know that load on the pin due to bearing pressure
= Bearing pressure x Bearing area = p, * d, % [|
=25%xd;x0.45x100=11254d,N ...(Taking /, = 0.45 D)
We also know that maximum load on the piston due to gas pressure or maximum gas load
D’ T (100)*

oy T X5=39215N

From above, we find that
1125 d, = 39275 or dy=39275/1125=34.9 say 35 mm Ans.

The inside diameter of the pin (d) is usually taken as 0.6 d,.
A d. =0.6 x35=21 mm Ans.

I

Let the piston pin be made of heat treated alloy steel for which the bending stress ( 6, )may be
taken as 140 MPa. Now let us check the induced bending stress in the pin.

We know that maximum bending moment at the centre of the pin,

P.D 392751
- K 758>< 00

We also know that maximum bending moment (M),

4 4 4 4
c_n|@)t-@t] _w[et-ent]
491 % 10° = = {—do Oy =35 35 —— | 0= 36640,

o, =491 x 10°/3664 = 134 N/mm? or MPa

Since the induced bending stress in the pin is less than the permissible value of 140 MPa (i.e.
140 N/mm?), therefore, the dimensions for the pin as calculated above (i.e. dy=35mm and d,=21 mm)
are satisfactory.

=491 x 10 N-mm
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ENGINE-CYLINDER:

At the time of compression and power strokes , more pressure is produced by the fuel-
gas inside the cylinder. In order to with stand this high pressure, the cylinder ,cylinder
head and piston should be fabricated with robust construction. The cylinder should also
have the capacity to resist high temperature produced at the time of power stroke. It
should be able to transfer the unused heat efficiency so as to escape from reaching the
melting temperature of cylinder material.

During operation of the engine, the piston slides inside the cylinder millions of times and
thus the inside wall of the cylinder may be worn out. Since the cylinder is made as the
integral part of the engine, the removal of the cylinder for repairing to rectify the wear by
re-boring etc. will be very tendious and not economical and hence the cylinder is
provided with another thin cylindrical piece called liner fitted concentric with the axis of
the cylinder, by doing so worn out liner can easily replaced by new liner. Also by using
strong liner, the good quality and strong material equal to that of liner material, need not
be used for the entire cylinder and engine and thus the engine cost may be reduced. In
the case of large sized engine, the cylinder with water jacket for cooling purpose.

MATERIALS : The cylinder and liner should be made of such a material which is strong
enough to with stand high gas pressure and at the same time sufficiently hard enough to
resist wear due to piston movement. It should also be capable of resisting thermal
stresses due to heat flow through the liner-wall. In order to meet out the above
requirements, the cylinder is usually made grey cast-iron and liners are made of nickel
cast-iron, nickel chromium cast iron ,nickel chromium cast steel and so on.

CYLINDER LINER

The cylinders are provided with cylinder liners so that in case of wear, they can be easily
replaced. The cylinder liners are of the following two types :

1. Dry liner, and 2. Wet liner.

Z

N Water ;' N Water
N, ‘]\[\ 2 .
{ Jackets N7 : :: | jackets

Wet liner

- Dry liner _ ~




A cylinder liner which does not have any direct contact with the engine cooling water, is
known as dry liner, as shown in Fig. (a). A cylinder liner which have its outer surface in
direct contact with the engine cooling water, is known as wet liner, as shown in Fig.
(b).The cylinder liners are made from good quality close grained cast iron (i.e. pearlitic
cast iron), nickel cast iron, nickel chromium cast iron. In some cases, nickel chromium
cast steel with molybdenum may be used. The inner surface of the liner should be
properly heat-treated in order to obtain a hard surface to reduce wear.

DESIGN OF ENGINE CYLINDER

When designing a new engine, heat analysis must carried out to determine analytically
the basic parameters of the engine under design with a sufficient degree of accuracy .This
involves choice of data like engine type,power and speed, number and arrangement of
cylinders, cylinder size, stroke bore ratio, piston speed and compression ratio etc.

Usually the piston speed and speed factor categorise the engine into high sped engine or
low speed engine. The speed factor is defined as

C = 0.3VN
57108
Where V = piston speed in m/min

N = Crank shaft speed in r.p.m

The maximum piston speed for various applications is taken as follows :
Air craft engines 750 to 1000 m/min
Heave duty stationary engines 450 to 750 m/min

Large gas and diesel engines 300 to 450 m/min

The engines is classified as :
Low speed engine if Cs is less than 3
Medium speed engine if Cs is between 3to 9
High speed engine if Cs is between 9 to 27

Super speed engine if Cs is greater than 27.




The recommended piston speeds and the stroke-bore ratio for different types of engines
are taking from jalal data book page number 15.12

Now considering the design of engine cylinder, when the gas expands inside the cylinder,
two types of stresses will be induced in the walls of the cylinder liner which are

i) Tensile stress due to gas pressure and
ii) Thermal stress due to enormous heat.

By selecting the high hat resisting material, the thermal stresses can be reduced at the
maximum extent.

The gas pressure also produces two types of tensile stresses in the cylinder namely)
Longitudinal stress and b) Circumferential stress which act at right angle to each other.
We have already known that when the pressure vessel like boiler or engine cylinder is
subjected to gas pressure the induced circumferential stress (hoop stress) will be more
than the induced longitudinal stress and hence the cylinder is based circumferential(hop)
stress.

The wall thickness of cylinder is usually calculated by applying thin cylinder formula.
Then the wall thickness of cylinder,

D
=2 1 ¢
20t

where p= maximum pressure of fuel-gas inside the cylinder

D= Inside diameter of cylinder(or) bore dia

o; = Allowable tensile stress of cylinder material N/mm?

= (50 to 60 N/mm? for C.I Engine & 80 to 100 N/mm? for steel)
Where C =6 to 12 mm to account for blow holes corrosion and reboring etc.

The thickness of the cylinder wall usually varies from 4.5 mm to 25 mm, or more
depending upon the cylinder size.

The other parameters are empirically found out as follows
The thickness of liner t;=0.03D to 0.035 D
The thickness of jacket wall is given by,
t;=0.032D to 1.6 mm
The water space between the outer cylinder wall and the inner jacket wall is given by

tw =0.08D to 6.5 mm




The cylinder is usually attached to the upper half of the crank case with the help of
flanges, studs and nuts.

The flange thickness is obtained as,
tr=(1.2to 1.4)t
where t= cylinder thickness

The stud or bolt diameter can be evaluated by comparing the tensile strength of all bolts
at their root diameters to the gas load such as

T s 5
anxdcx% ZZXD X p

Where

dc = core(i.e.,root) diameter of bolt or stud

o;p = Allowable tensile strength of bolt material = (80 N/mm? to 100 N/mm?)

n= Number of studs = (0.01D to 0.02D) + 4

The thickness of cylinder head may be calculated as

/P
t=kD |—
20t

o, = Allowable tensile stress of head material = (30 to 50 N/mm?).

where k = constant = 0.5




Ex.1.

A four stroke diesel engine has the following specifications: Brake power =5 kW ; Speed =
1200 r.p.m. ; Indicated mean effective pressure = 0.35 N / mm 2 ;Mechanical efficiency =
80 %.Determine : 1. bore and length of the cylinder ; 2. thickness of the cylinder head ;
and 3. size of studs for the cylinder head.

Solution. Given: B.P = 5kW = 5000 W; N = 1200 r.p.m. or n = N/2 = 600 ;
p, =035 N/mm%;n_ =80%=0.8
1. Bore and length of cylinder

Let D = Bore of the cylinder in mm,

. . n
A = Cross-sectional area of the cylinder = ) x D> mm?

! = Length of the stroke in m.

=1.5Dmm=1.5D/1000 m ....(Assume)

We know that the indicated power,
ILP =BP/n, =5000/08=6250 W
We also know that the indicated power (1.P),
Pl A 035x1.5Dx 1D* x 600
60 60 x 1000 x 4
..(~ For four stroke engine, n = N/2)
RS D =6250/4.12x 103 =1517 x 10° or D= 115 mm Ans.

and [=15D=15x115=172.5 mm

Taking a clearance on both sides of the cylinder equal to 15% of the stroke, therefore length of
the ¢ylinder,

6250 = =412 x 1073 D3

L =1.151=1.15%172.5= 198 say 200 mm Ans.
2. Thickness of the cylinder head
Since the maximum pressure ( p) in the engine cylinder is taken as 9 to 10 times the mean
effective pressure { p, ), therefore let us take
p=9p,=9x035=3.15N/mm?
We know that thickness of the cyclinder head,

[Cr [0.1%3.15
t, =D G—T:”S 43— 9.96 say 10 mm Ans.

(Taking C=0.1 and G, =42 MPa = 42 N/mm?)

3. Size of studs for the cylinder head
Let d = Nominal diameter of the stud in mm,
d. = Core diameter of the stud in mm. It is usually taken as 0.84 d.
6, = Tensile stress for the material of the stud which is usually nickel
steel.
n, = Number of studs.
We know that the force acting on the cylinder head (or on the studs)
= %xszP=%(115)23.15:32 702 N ..(§)
The number of studs () are usually taken between 0.01 D+ 4 (ie. 0.01 x 115 +4=5.15) and
0.02D + 4 (ie. 0.02 x 115+ 4=6.3). Let us take n7_= 6.
We know that resisting torce offered by all the studs

~ n, % %(arc)2 G, = 6x % (0.84d)* 65 = 216 d°N i)
...(Taking 6, = 65 MPa = 65 N/mm?)

From equations (7} and (#/),
2=32702/216=151 ord=123mm
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DESIGN OF I.C ENGINE PARTS

INTRODUCTION :

The internal combustion engine, shortly called as I.C Engine is one type of engines in
which the thermal and chemical energies of combustion are released inside the engine
cylinder. There is another type of heat engine called External combustion engine. For
example steam engine , combustion takes place outside the engine cylinder and the
thermal energy is first transmitted to water outside the cylinder and steam is produced
and then this energized steam is injected inside the cylinder for further operation.

The I.C engines are commonly operated by petrol even fuels like petrol, diesel and some
times by gas. Depending on the properties of these fuels, the construction of concerned
engines may be slightly changed from one to another. But , whatever be the type of
engines, they have the following basic components which are i) Cylinder ii) Piston iii)
Connecting rod iv) Crank shaft and v) flywheel. Apart from these main elements they
have some auxiliary parts like push rod, cams, valves, springs and so on.

The I.C Engines are employed in many places like in small capacity power plants,
Industries and laboratory machines and their outstanding applications are in the field of
transportation like automobiles, air-crafts, rail-engines, ships and so on.

CLASSIFICATION OF I.C ENGINES

The I.C Engines are classified in many ways such as according to fuel used, method of
ignition, work cycles, cylinder arrangement of applications etc:

a) According to fuel used
i) Petrol Engine i) Diesel Engine iii) Gas Engine
b) According to method of ignition
i) Spark ignition engine ii) Compression ignition engine
c¢) According to working cycle
i) Four stroke engine  ii) Two stroke engine
d) According to cylinder arrangement
i) Horizontal engine ii) Vertical engine iii) Inline engine
iv) v-engine v) Radial engine

e) According to field of applications
i) Automobile engine ii) Motor cycle engine iii) Aero engine
iv) Locomotive engine v) Stationary engine




IC ENGINE TERMINOLOGY:

The following terms/Nomenclature associated with an engine are explained for the
better understanding of the working principle of the IC engines

Cylinder head

Inlet
manifold — Exhaust

Clearance —]

volume _}F‘ ----— Top dead centre (TDC)
Piston

Stroke
l l«—— Cylinder

e || e - Bottom dead centre (TDC)

1. BORE: The nominal inside diameter of the engine cylinder is called bore.

2. TOP DEAD CENTRE (TDC): The extreme position of the piston at the top of the cylinder
of the vertical engine is called top dead centre (TDC), Incase of horizontal engines. It is
known as inner dead centre (IDC).

3. BOTTOM DEAD CENTRE (BDC): The extreme position of the piston at the bottom of the
cylinder of the vertical engine called bottom dead centre (BDC). In case of horizontal
engines, it is known as outer dead center (ODC).

4. STROKE: The distance travelled by the piston from TDC to BDC is called stroke. In other
words, the maximum distance travelled by the piston in the cylinder in one direction is
known as stroke. It is equal to twice the radius of the crank.

5. CLEARANCE VOLUME (Vc): The volume contained in the cylinder above the top of the
piston, when the piston is at top dead centre is called the clearance volume.

6. SWEPT VOLUME (Vs): The volume swept by the piston during one stroke is called the
swept volume or piston displacement. Swept volume is the volume covered by the piston
while moving from TDC to BDC.

i.e  Swept volume = Total volume — clearance volume

7. COMPRESSION RATIO (rc): Compression ratio is a ratio of the volume when the piston
is at bottom dead centre to the volume when the piston is at top dead centre.




Mathematically,

maximum cylinder volume  swept volume + clearance volume

Compression ratio =

minimum cylinder volume clearance volume

The compression ratio varies from 5 : 1 to 10 : | for petrol engines and from 12:1 to 22 : |
for diesel engines.

SI.No Classification Criteria Types

No of Strokes per cycle . Four Stroke Engine

. Two Stroke Engine

Types of Fuel Used . Petrol or Gasoline Engine

. Diesel Engine

. Gas Engine

. Bi-Fuel Engine

Nature of Thermodynamic . Otto Cycle Engine

Cycle . Diesel Cycle Engine

. Dual Combustion Cycle Engine

Method of Ignition . Spark Ignition (SI) Engine

. Compression Ignition (Cl) Engine

No of Cylinders . Single Cylinder Engine

. Multi Cylinder Engine

Arrangement of Cylinders . Horizontal Engine

. Vertical Engine
. V—=Type Engine
. Radial Engine

. Inline Engine

. Opposed Cylinder Engine

. Opposed Piston Engine




Classification Criteria

Types

Cooling System

. Air Cooled Engine

. Water Cooled Engine

Lubrication System

. Wet Sump Lubrication System

. Dry Sump Lubrication System

Speed of the Engine.

. Slow Speed Engine

. Medium Speed Engine

. High Speed Engine

Location of Valves

. Over Head Valve Engine

. Side Valve Engine
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DESIGN OF A CONNECTING ROD

The connecting rod is the intermediate member between the piston and the crankshaft.
Its primary function is to transmit the push and pull from the piston pin to the crankpin
and thus convert the reciprocating motion of the piston into the rotary motion of the
crank. The usual form of the connecting rod in internal combustion engines is shown in
Fig. 32.9. It consists of a long shank, a small end and a big end. The cross-section of the
shank may be rectangular, circular, tubular, I-section or H-

~ + A
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section. Generally circular section is used for low speed engines while I-section is
preferred for high speed engines

Castle nut
Bolt

for
//7 L.ubrication

Phosphor bronze
bush

Spout

'Small end

Y

Big end 1
)

The *length of the connecting rod (| ) depends upon the ratio of | / r, where r is the
radius of crank. It may be noted that the smaller length will decrease the ratio | / r. This
increases the angularity of the connecting rod which increases the side thrust of the
piston against the cylinder liner which in turn increases the wear of the liner. The larger
length of the connecting rod will increase the ratio |/ r. This decreases the angularity of
the connecting rod and thus decreases the side thrust and the resulting wear of the
cylinder. But the larger length of the connecting rod increases the overall height of the
engine. Hence, a compromise is made and the ratio | / r is generally kept as 4 to 5.




The small end of the connecting rod is usually made in the form of an eye and is provided
with a bush of phosphor bronze. It is connected to the piston by means of a piston pin.

The big end of the connecting rod is usually made split (in two **halves) so that it can be
mounted easily on the crankpin bearing shells. The split cap is fastened to the big end
with two cap bolts. The bearing shells of the big end are made of steel, brass or bronze
with a thin lining (abou0.75 mm) of white metal or babbit metal. The wear of the big end
bearing is allowed for by inserting thin metallic strips (known as shims) about 0.04 mm
thick between the cap and the fixed half of the connecting rod. As the wear takes place,
one or more strips are removed and the bearing is trued up.

The connecting rods are usually manufactured by drop forging process and it should have
adequate strength, stiffness and minimum weight. The material mostly used for
connecting rods varies from mild carbon steels (having 0.35 to 0.45 percent carbon) to
alloy steels (chrome-nickel or chrome- molybdenum steels). The carbon steel having 0.35
percent carbon has an ultimate tensile strength of about 650 MPa when properly heat
treated and a carbon steel with 0.45 percent carbon has a ultimate tensile strength of
750 MPa. These steels are used for connecting rods of industrial engines. The alloy steels
have an ultimate tensile strength of about 1050 MPa and are used for connecting rods of
aeroengines and automobile engines.

The bearings at the two ends of the connecting rod are either splash lubricated or
pressure lubricated. The big end bearing is usually splash lubricated while the small end
bearing is pressure lubricated. In the splash lubrication system, the cap at the big end is
provided with a dipper or spout and set at an angle in such a way that when the
connecting rod moves downward, the spout will dip into the lubricating oil contained in
the sump. The oil is forced up the spout and then to the big end bearing. Now when the
connecting rod moves upward, a splash of oil is produced by the spout. This splashed up
lubricant find its way into the small end bearing through the widely chamfered holes
provided on the upper surface of the small end.

In the pressure lubricating system, the lubricating oil is fed under pressure to the big end
bearing through the holes drilled in crankshaft, crankwebs and crank pin. From the big
end bearing, the oil is fed to small end bearing through a fine hole drilled in the shank of
the connecting rod. In some cases, the small end bearing is lubricated by the oil scrapped
from the walls of the cyinder liner by the oil scraper rings.

FORCES ACTING ON THE CONNECTING ROD
The various forces acting on the connecting rod are as follows :

1. Force on the piston due to gas pressure and inertia of the reciprocating parts,
2. Force due to inertia of the connecting rod or inertia bending forces,
3. Force due to friction of the piston rings and of the piston, and




4. Force due to friction of the piston pin bearing and the crankpin bearing.

We shall now derive the expressions for the forces acting on a vertical engine, as
discussed below.

1. Force on the piston due to gas pressure and inertia of reciprocating parts
Consider a connecting rod PC as shown in Fig. 32.10.
Fp Piston

Piston pin

Connecting rod

Top dead

centre (T.D.C) —=»—_ |
g o Cx&——Crank pin
"' 7 N—"l Crank

O

Bottom dead
centre (B.D.C)

Let p = Maximum pressure of gas,
D = Diameter of piston,

Ap = Cross-section area of piston
mg = Mass of reciprocating parts,
r=radius of crank shaft

w = Angular speed of crank,

¢ = Angle of inclination of the connecting rod with the line of stroke,

©= Angle of inclination of the crank from top dead centre,

r = Radius of crank,

| = Length of connecting rod, and

n = Ratio of length of connecting rod to radius of crank =1/r.

Fp= Force acting on the piston=p x Ap




Fc= Force acting on the connecting rod

Fi= Inertia force due to weight of the reciprocating parts

We know that the force on the piston due to pressure of gas,
Fp = Pressure x Area=p . Ap = p xt D? /4

And the inertia force of the reciprocating parts

Fi= mass x Acceleration

Wr
= 7 X w?r (cos @ + (cos 20)/n)

The net load acting on the connecting rod, Fc=Fp £+ F;

The —ve sign is used when the piston moves from TDC to BDC and +ve sign is used when
the piston moves from BDC to TDC.

When weight of the reciprocating parts is to be considered ,then
Fc=Fp+ Fi+ Wr

The actual axial load acting on the connecting rod will be more than the next load due to
the angularity of the rod.
Now ,the force acting on the connecting rod at any instant is given by
Fp —Fi Fp
~ cos®  cos®

Fe

Normally inertia force due to the weight of reciprocating parts is very small, it can be
neglected when designing connecting rod

Fp

€ cos®

Since the piston is under reciprocating action, the connecting rod will be subjected to
maximum force when the crank angle 6 -900 and for other positions, the force values are
reduced and for 6 -00 and 6 =1800, the forces are zeros. Also the inclination of the
connecting rod max when 6 -900. Hence the maximum force acting on the connecting
trod, is given by

Fp
cos @

In general, n should be at least 3

Hence for n=I/r=3, Fc=1.06Fp




N=4, Fc=1.03Fp
N=5, Fc=1.02Fp

Maximum bending moment due to inertia force is given by the relation My, =

l

2
m.w*.r.—
9v/3

Where m= mass of connecting rod
w = Angular speed in rad/s
L= length of connecting rod

R = radius of crank

. . Mma
The maximum bending stress =

Where Z = section modulus.
DIMENSIONS OF CONNECTING ROD ENDS

Now the other parts of connecting rod such as its small end, big end and bolts are
designed as follows

The small end is made as solid eye without any split and is provided with brass bushes
inside the eye and the big end is split and the top cap is joined with the remaining parts
of connecting rod by means of bolts. By this set up the connecting rod can be dismantled
without removing the crank shaft. In the big end also, the brass bushes of split type are
employed.

The parameters of small end and big end are determined based on the bearing pressures
Let I11,d1=length and diameter of piston (i.e small end respectively)

L2,d2 = Length and diameter of crank pin (i.e bidend respectively)

Pb1,pb2 = Design bearing pressures for the small end and big end respectively
Bearingload applied on the piston pin(i.e small end) is given by

F1=pbl.11.d1

And the bearing load applied on the crank pin(i.e big end) is given by F2 = pb2.11.d2
Usually the design bearing pressure for the small end and big end may be taken as,
Pbl=12.5to 15.4 N/mm?

Pb2 =10.8 to 12.6 N/mm?




Similarly, the ratio of length to diameter for small end and big end may be assumed as,
L1/d1=1.5t0 2,12/d2=1.0to0 1.25
Usually, low design stress value is selected for big end than that for small end.

The biggest load to be carried by these for bearings containing piston pin and crank pin is
the maximum compressive load produced by the gas pressure neglecting the inertia force
due to its small value

At the same time, the bolts are designed based on the inertia force of the reciprocating
parts which is given by

cos 26)
n

Inertia force Fi= m rw? (cos 0 +

_ 1 lengthof connecting Road
nErT crank radius

The maximum inertia force will be obtained when the crank shaft is at dead centre
position, i.e., at 6 = 0.

By equating this maximum inertia force to the tensile strength of bolts and their core
diameters, the size of bolts may be determined.

i.e for two bolts Fi,= 2 x%d? X S;

The nominal diameter may be selected from the manufacture’s table (uaually dc=0.84 db,
where db is the nominal dia of bolt) .

The cap is usually treated as a beam freely supported at the bolts centre’s and loaded in a
manner intermediate between uniformly distributed load and centrally concentrated
loaded.

Maximum bending moment at the centre of cap is given by M=wl'/ 6
Where w = maximum load equal to inertia force of reciprocating parts = Fim
Hence M = Fiml'/6

I'= Dstance between bolts centers

= Diameter of crank pin + (2 x wall thickness of bush) + dia of bolt + some extra marginal
thickness.

Width of cap may be calculated as,

b = length of crank pin — 2 x flange thickness of bush




usually, the wall thickness and flange thickness of bush may be taken as about 5 mm.
Bending stress induced in the cap =Sbe=M/Z.

Where Z = Section modulus of the cap.
Z=1/6 .b.t?
Where t. = Thickness of cap.

By comparing this induced bending stress with the design stress, the thickness of cap may
be evaluated.

DESIGN PROCEDURE FOR CONNECTING ROD :
For the design of connecting rod, the following steps may be observed.

1. From the statement of problem, note the pressure of steam or gas, length of
connecting rod, crank radius etc,. Then select suitable material usually mild steel for
the connecting rod and find its design stresses. Assume the essential non given data
suitably based on the working conditions.

. Select I-section connecting rod if possible and determine its moment of inertia about
x-axis and y-axis.

. Equate the steam force with buckling strength of connecting rod using Rankine’s
formula and determine the dimensions of connecting rod.

. Calculate the maximum bending stress and then compare it with design stress of the
connecting rod for checking.

SLENDERNESS RATIO:

It is the ratio of the length of column (I) to its least radius of gyration (k)
Slenderness ratio =I/k

If I/k < 40 — then design of connecting rod be based on compressive load.

If I/k > 40 — then design of connecting rod may be based on Buckling load.

BUCKLING LOAD or CRIPPLING LOAD

The piston rod and connecting rod are designed mainly based on compressive failure
load. Since the length of rods are more, they can buckle during compression, which is
also considered as functional failure. That is , the compressive load which causes buckling
of piston rod or connecting rod is called as buckling load or crippling load. For proper
functioning without buckling the piston rod or connecting rod should be subjected to a
compressive load with is less than crippling load.




When the connecting rod or piston rod are subjected to compressive load, they may
fracture when the applied compressive load is more than their resisting compressive
strength. At the same time, if the length of rods have been increased beyond certain limit
with respect to their gross sectional dimensions (i.e I/k > 40 ) the rods may buckle for
lower values of compressive load known as buckling load. This buckling load also

considered as functional failure. Usually design of connecting & piston rod are designed
based on buckling load.




Example 32.3. Design a connecting rod for an I.C. engine running at 1800 r.p.m. and developing
a maximum pressure of 3.15 N/mni’. The diameter of the piston is 100 mm ; mass of the reciprocating
parts per cylinder 2.25 kg; length of connecting rod 380 mm; stroke of piston 190 mm and compression
ratio 6 : 1. Take a factor of safety of 6 for the design. Take length to diameter ratio for big end
bearing as 1.3 and small end bearing as 2 and the corresponding bearing pressures as 10 N/mm’
and 15 N/mm?. The density of material of the rod may be taken as 8000 kg/m’® and the allowable
stress in the bolts as 60 N/mm? and in cap as 80 N/mm?’. The rod is to be of I-section for which you
can choose your own proportions.

Draw a neat dimensioned sketch showing provision for lubrication. Use Rankine formula for
which the numerator constant may be taken as 320 N/mm?’ and the denominator constant 1/ 7500.

Solution. Given : N= 1800 r.p.m. ; p=3.15N/mm?; D= 100mm ;my=2.25kg; /=380 mm
=0.38 m ; Stroke = 190 mm ; *Compressionratio=6:1; F S. =6.

The connecting rod is designed as discussed
below :

1. Dimension of I- section of the connecting rod T

Letus consider an /-section of the connecting
rod, as shown in Fig. 32.14 (@), with the following H=5tX - —
proportions :

Flange and web thickness of the section = ¢
Width of the section, B = 4¢
and depth or height of the section,
H =5t
First of all, let us find whether the section
chosen is satisfactory or not.

Fig. 32.14

We have already discussed that the connecting rod is considered like both ends hinged for
buckling about X-axis and both ends fixed for buckling about Y-axis. The connecting rod should be
equally strong in buckling about both the axes. We know that in order to have a connecting rod

equally strong about both the axes,
I, =41,

XX

where I = Moment of inertia of the section about X-axis, and

I, =Moment of inertia of the section about Y-axis.
In actual practice, /__is kept slightly less than 4[ . Itis usually taken between 3 and 3.5 and the

connecting rod is demgned for buckling about X- ax1s
Now, for the section as shown in Fig. 32.14 («), area of the section,
A=2@txt)+3txr=11¢

419 4

_ 1 3 _ 3
L= 33 | 4160° =3t G0y’ | = Tt

1 1 131 4
Iw 2><E><t(4t) +Ex3f><t —Ef

I, 419 12

I, 12 1131

=32

/ 5 ; ; ; i s
= = 3.2, therefore the section chosen in quite satisfactory.
w
Now let us find the dimensions of this /-section. Since the connecting rod is designed by taking
the force on the connecting rod (#.) equal to the maximum force on the piston (7} ) due to gas
pressure, therefore,
n(100)>

= Xp=——7—x315=24 740N

We know that the connecting rod is designed for buckling about X-axis (i.e. in the planc of
motion of the connecting rod) assuming both ends hinged. Since a factor of safety is given as 6,
therefore the buckling load,

Wg =FxFS.=24740x6=148 440 N




We know that radius of gyr'ltion of the section about X-axis,

_ i 419r 178 ¢
lla“

.Stroke of piston 190
r= }1 =— =05 mm

Length of crank.

Length of the connecting rod.
[ =380 mm
*. Equivalent length of the connecting rod for both ends hinged,
L =1=380 mm
Now according to Rankine’s formula. we know that buckling load (#75).

...(Given)

G,.A 32011 ¢
148 440 = s

L
l+al — 1+
kHJ "00‘ 1.78 ‘
_ .. (It 1s given that ¢, =320 MPa or N/ mm’and a=1/ 7500)
s40 11 1t

3200 . 6.1 42
1+22 -+ 6.1
2
464(r’+61)=11r4
—4221%-2573 =0

_ 422+ (42 .) +4x2573

.. (Taking +ve sign)
f = 6.9say 7 mm

Thus, the dimensions of I-section of the connecting rod are :
Thickness of flange and web of the section
=t="7mm Ans.
Width of the section, B=4f=4 » 7=28 mm Ans.
and depth or height of the section,

H =5f=5=7=35 mm Ans.




These dimensions are at the middle of the connecting rod. The width (B) is kept constant through-
out the length of the rod, but the depth (H) varies. The depth near the big end or crank end iskeptas 1. 14
to 1.25H and the depth near the small end or piston end is kept as 0.75H to 0.9 Let us take
Depth near the big end.
H =12H=12x35=42mm
and depth near the small end,
H, =085H=085 % 35=29.75 say 30 mm
. Dimensions of the section near the big end
=42 mm * 28 mm Amns.
and dimensions of the section near the small end
=30 mm % 28 mm Ans.
Since the connecting rod 15 manufactured by forging, therefore the sharp comers of I-section
are rounded off, as shown in Fig. 32.14 (b). for easy removal of the section from the dies.
2. Dimensions of the crankpin or the big end bearing and piston pin or small end bearing
Let d_ = Diameter of the crankpin or big end bearing,
I, =length of the crankpin or big end bearing =13 4, ..(Given)
P, = Bearing pressure = 10 N/mm* .(Given)
We know that load on the crankpin or big end bearing
= Projected area * Bearing pressure
=d Il .p,=d »x13d »10=13(d)?
Since the crankpin or the big end bearing is designed for the maximum gas force (F) ). therefore.
equating the load on the crankpin or big end bearing to the maximum gas force. i.e.
13 {u:'r]l2 =F, =24740N
o (d, ¥ =24740/13=1903 or d_=43.6 say 44 mm Ans.
and [ =13d =13x44=572say 58 mm Ans.
The big end has removable precision bearing shells of brass or bronze or steel with a thin lining
(1mm or less) of bearing metal such as babbit.
Again_ let t]'F = Diameter of the piston pin or small end bearing,
{p = Length of the piston pin or small end bearing = la’p ..(Given)

Py, = Bearing pressure = 15 N/mm* .(Given)

We know that the load on the piston pin or small end bearing
= Project area x Bearing pressure
=d,. L. Ppp=1d, * 2d, ¥ 15 =30 {d_u]'z
Since the piston pin or the small end bearing is designed for the maximum gas force (F}).
therefore, equating the load on the piston pin or the small end bearing to the maximum gas force,
ie
30 {a‘pF =24 740N
o {dp}z =24740/30=2825 or d,=28.7 say 29 mm Ans.
and {E=.Z|:?’F=IKEQ=5EHUH:‘LIH.
The small end bearing 1s usually a phosphor bronze bush of about 3 mm thickness.




3. Size of bolts for securing rhe big end cap
Let d_, = Core diameter of the bolts,

2
'0, = Allowable tensile stress for the material of the bolts

= 60 N/mm°
and n, =Number of bolts. Generally two bolts are used.
We know that force on the bolts
T 2 T B -
= z(dd,)'()'r X Ny = Z(d(b)' 60x2=9426 (d;)
The bolts and the big end cap are subjected to tensile force which corresponds to the inertia

force of the reciprocating parts at the top dead centre on the exhaust stroke. We know that inertia
force of the reciprocating parts,

s
Fi=mp . 0r.r|cos@+ i
\

( cos 20 ]

We also know that at top dead centre on the exhaust stroke. 6 =0.

F, =mR.w:.r[l+
= 040N
Equating the inertia force to the force on the bolts, we have
9490 =94.26 (d_,)* or (d_,)*=9490/94.26=100.7
d, =10.03 mm

and nominal diameter of the bolt.

- 084
say 12 mm Ans.

4. Thickness of the big end cap
Let t. = Thickness of the big end cap,

<
b, = Width of the big end cap. It is
taken equal to the length of the
crankpin or big end bearing (/)
= 58 mm (calculated above)
0, = Allowablebending stress for the
material of the cap
80 N/mm? ...(Given)
The big end cap is designed as a beam freely
supported at the cap bolt centres and loaded by the inertia
force at the top dead centre on the exhaust stroke (i.e. F}
when 8 = 0). Since the load is assumed to act in between
the uniformly distributed load and the centrally
concentrated load, therefore. maximum bending moment
1s taken as

.F X
M, =
6
x = Distance between the bolt centres




= Dhia. of crank pin or big end bearing + 2 * Thickness of bearing
liner + Nominal dia. of bolt + Clearance

= (d +2x3+d,+3)mm=44+6+12+3=05mm

. Maximum bending moment acting on the cap,

=102 810 N-mm

Fyxx 9490 x 65

Section modulus for the cap

bt 581 :
- 'ﬁ - 'ﬁ - g'? I:Fr.'}

Zc

We know that bending stress I:.{‘Fﬁ ).

M. 102810 _ 10 600

80 = = ~ = _
Ze 07ty (1)

{rrjz =10600/80=1325 or f =115mm Ans.
Let us now check the design for the induced bending stress due to inertia bending forces on the
connecting rod (7. e. whipping stress).
We know that mass of the connecting rod per metre length,
m, = Volume * density = Area * length * density
=Adx]xp =11F=]lxp L A=118
=11(0.007)? (0.38) 8000 = 1.64 kg
[P =8000 kg /m’ (given)]

s Maximum bending moment.

[
ifmx:?ﬂ.ﬂf'rx9ﬁ=ml'm:'rx_ e m=my )

i 12 2
_ 164 ZEXIE00N 6 005) O30 _ 515 0
i 60 | gl.vlrg-

=51 300 N-mm

4 5 . )
and sectionmodulus.  Z, = 5‘;"..‘,, = 4119,,"' X 5= = 1397 £=13.97 x 7 = 4702 mor’

- Maximmum bending stress (induced ) due to mertia bending forces or whipping stress,

Mg 51300
Osmar) =77 = 470

XX

=10.7 N/mm-

Since the maximum bending stress induced is less than the allowable bending stress of
80 N/mm”, therefore the design is safe.
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Classification of gears (Types of gears):
2.3 Type of toothed gears: Pl WS g Al il oS
1- According to the teeth shape: s Ol g5 Al -1
a) Spur (straight) gears. Aaall g all
b) Helical (inclined) gears & spiral. glall g sl
c) Bevel (curved) gears. AL g il

2- According the axes of shafts:
e SGm A s jslas g ) daeailly 2

a) Parallel shaft (spur). Ljlgiall sladll
b) Intersecting shaft (bevel gear). Aadaliiddl gl
¢) Non parallel and non intersecting shaft (skew shaft) (hedical).
3- According to the speed: g Al de oy ) Al -3
a) Low speed (less than 3 m/sec). akalg dc yu
b) Medium speed (3-15) m/sec. dauigia Ao yu
c) High speed (more than 15 m/sec). e deyu
4- According to the gearing : Pl g A Al -4
a) External gears. ES E -
b) Internal gears. ENRREInAS
c) Rack gears



g Al 4dil cilalbaal) — (g 3l deni

2.4 Technical gear terms (Geometry of Gear)

1-

2-

10-

11-

12-

Pitch circle: It is an imaginary circle drawn through the points where
the teeth make contact. (d)
Circular pitch (pitch) "P": It is the distance from a point on one tooth
to the corresponding point on an adjacent tooth measured on the pitch
circle.

_nd

Z
d = diameter of the pitch circle, Z = no. of teeth on the gear.

Addendum circle: It is the circle drawn through the top of the teeth.

It's diameter = d + 2m, m: module , £ = L =m
Z Pd

Where : m = module. The module is expressed as lenth of pitch
diameter per tooth.

Dedendum circle: It is the circle drawn through the bottom of the
teeth. It's dia = (1.157)m — (1)m = 0.157m.

Addendum: It is the radial distance from the pitch circle to the top of
the tooth. It's value is (1)m. i.e. a =(1)m.

Dedendum: it is the radial distance from the pitch circle to the root of
(1+m)

b

xm=1.157 m.

the tooth. It's value is :

Clearance: It is the difference between dedendum and addendum.

Depth of the tooth: It is the radial distance between the addendum

circle and dedendum circle of a gear.

Line of action (Pressure line): It is a line normal to a pair of mating

tooth profiles at their point of contact.

Pressure angle: It is the angle between the line of action and the
common tangent to the pitch circle.

Diametral pitch (Pd): It is expressed as the number of teeth per unit
length of the pitch circle diameter.
1e. Pd= % :—g , P:circular pitch, Z = o) sac | d = diameter pitch
of pitch circle.

The module (m): It is the pitch diameter of the gear in millimeters
divided by the total number of gear — wheel teeth.

ie. m:% (mm) d=pitchdia , Z= g sae . For two

meshing gears, their module pitch or their diametral pith must be
same.



13- Thickness of teeth: It is the width of teeth measured along the pitch
circle.
14- Centre distance: It is the distance between the centres of two gear in
meshing. It's value is:
C= (dl + d2) )
2

15- Arc of contact: It is the locus of a point on the pitch circle from the
start to the end of engagement of two mating teeth.

Aial) 3l
Wheel gear

10

PressU

angle

(@)

A

Clearance

(]

Pinion

casl)

|
|
| Y
i
|
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Add endum 2

CIRCULAR PITCH “p”

3
ADDENDUM CIRCLE

“1»

PITCH CIRCLE “d”

TANGENT TO
PITCH CIRCLE
BASE CIRCLE
L ROOT CIRCLE 4
6 - Dedendum RADIAL LINE (Dedundum Circle)
9
PRESSURE ANGLE
T .

Line of action

13
CIRCULAR THICKNESS




BASE CIRCLE PITCH CIRCLE

COMMON
TANGENT

Fig. Drawing of base circle



Velocity ratio of gears: |
ool gl e o aaian A Ala 8 Gyl e a3l Aoyl 5 daes o

.driven sl Lusllg driver )
N, N, d, Z, T,

r=—— —_— ==

Nb ) NZ - dl Z1 T1

where:
r = velocity ratio.
N; = number of revolutions of driver gear.
N, = number of revolutions of driven gear.
d = diameter.
Z = number of teeth.
T = torque.
Gear trains: (oAl Al (g Al Jedl

500 sl de ) anddl g wmey ae Aidinall Gugyall (e 220 o8 Al Jedls

S ye Albes o Adages Aludes (5<5 Sy LAyl

1. Simple gear train:

s e AigSe Al Lghacly caaly (g5ine (A Gug ) paen (45S dualadl o3a (b

() sleall AV acng S Laalaal awsy Loai
=il ans JEl J<al LlaaY 131 Y




Na_Zy Ny _Z N 7
Nb a’ Nc Zb, Nd Zc
Na Ny Ne 2 202,
Nb.Nc.Nd Za Zb Zc
=Na _Zg Ty
Nd Za Ta

2. Compund gear train:
(2 ) Gy L il e AT o b il (ra 05<E dalall s
rol aa Jall J<a) ka1




No _Zy o No_Z4
N, Z, Ng Z,
NN 7,7,
N, Ny Z, Z,
N, 7,77, T,
Nd Za'Zb.Zc Ta
Ex: 2, 3.

1. Gear ratios:
i gyl g ol Ak Adlide ey HLEAY dliuy s (g yill Geaia
wleyw rie @S58 n Y elyadl ol Ghaa¥) alSma palsd o sl
il Adad) de pdl Jlasiad (e AY janie gmea die o AS)al) Ty vie Hiad cdcaiiiall
laall e S ghiss ae
tlega EB Gag Al Bgaia asiig
v e b dadl 58 ol Gy Al daulie cileju il -1
Al i elal 4 o ad) e AW 50l Jeads e Alae g laal =2
Lty ) dyaall slat¥ (Slaa (g0 oladl & duild ASHa gllac) =3

(N I JanY) 1 e pag sl (Bsaiea (S

Primary (input) shaft (0=l 39ae) (SN 3ganl) =1
Lay shaft a5l 25ae —
Main shaft i) dganll -



HES

1 6
i ] ] \L N
Primary - shaft —» |

— S .

Lay - shaft 5

OSasg ¢l dgandl Aoy ardas jloel) Hdan 3alioda Garsisll Glual L ug il
1AY) A (e lgdde Jgumnll

bl Gl Gy Juals Lol WY Gy Juals
= =

r=1:1: ww\kﬂ\uggw\ww\é

Bstiam (ro A nyll 3sanll ey Lasis o S e (S5 Al o3 b
-ous

Bptian 1) AL deydl a el anill 3yanl) Aepn (55 laad) ians 3
Bale (153 coverdrive  dejudl (358 did o3 addy (8dlaall Aoyl die) (ug yal
550 100 5 g Al @g2iia (e Al 2gaall Ol 5590 72y Sl o L_gi ¢0.72:1

2. Rear — axle ratio: (L8l 4aalal) de gasall & panddill L



ot e Blae AR Ao ganall GagyS eSSy Al Gas liad ey (sull) 25
fel WS lalas] Sy anhg i

Ny 2z T,
N, Z, T,
N T,
N, T,
B
éNg—:Ng
Ng
T,

H I .

Nc =Ny

3. Overall gear ratio:
anadill g gyl @eviial (e ddnll Ay yua duals e Bl
ol sl (RR) Slell Ja de ganal

To=1Ig X Iy

Where:
r, = overall gear ratio.
r, = gear box ratio.
r, = rear axle ratio.

4. Torque and speed in final drives:



(58 Zesdl) Lhel) el oo L (3paiaal

OSls hadll e e el G agee el (5 cDlaall (s aie ool 1]
t o8 1Al Ayl pmnian da g Bl Lgie e

r~N~Tg

, = —=—2
N, T

SNy T,

"N, T,

Iy =1Ig X I.
_NxNg_N
N, Ny Ng
L T _Tw
T 1T, T
N T,

rO:———-:—-———
N, T
Engine

Propeller

N r '/ shaft
g
T \ /— Iy
& Ng \\ M
Tg Ny

Ex: 8.



S. Tractive effort and engine Torque: (Te & T) dadll ajey jall 2ga
sold Wadl de o) vie 8yl s Laie
T

I, =

TW
ST, =Txry xnt

Where:
Ty = driving wheels torque <Jasll 43l
T = egine torque &yl 2%
= 1, = rearaxle ratio Al small (muddnl) A
nt = transmission efficiency Jall 5.l
A A e Lad cDlaall e alad) (Sag
Tw=T. xR
Where:
T. = tractive effort jall aga
R = effective radius of driving wheels salall ¢ laal Jledll jladll
gl
TexR=TXxrxn
TezTerxQ
R
Ex: 9, 10.



-

P&T—»

o~ ]

i aal de oy A *
tlaay dald Guaal Legl licpu Hlow dyae JL
ol o) ol Lavie dpadll algy ) Ayl
el Jay 38 ladl sje (s laxie A depul) —

Power

(-Torque

]
2000 3000 Ll dgd
Engine speed —» "

G ,laa) Cadgy Lo g celyaall Ay dawdy Cyad (pfie sl (ks Gy Losally (JS2N

o Al Govial ) s laal *
tiawia Alsie o g ) Gedial (andill Gaus o
r,= K" gear box ratio (gl (saial muanll L
oAl (gia (A (maeddl) A = T8
Gstiall 3 Dl e = 1
A e Laalad Sas dyad) Aoy Gaes L g Sshall et ol Jaia= K
)

N, = egine speed for max. power. $% <Y ¢haall de
Nr = egine speed fpr max. torque. aje ,SY bl dc s

Ex: 11,12, 13.



1@uhll Je A4l Ao pug diall Cifyen dae G A
Relation between egine revolution (N) and Vehicle Linear speed (V):

Let - N=  engine speed (rpm) Diadl deyu
Nyw= road wheel speed (rpm) Caall Aoy
V= vehicle's linear speed (km/hr) Ahil) eyl
R=  Radius of the road wheel (m) Caall el Caas
W= angular velocity of the road wheel (rad/sec) COlaall dghll Aoyl
Pl WS laala)
Since
V=wR
(V x1000) _ 21 Nw <R
(60 x 60) (60)
Nw |
——=265X— i 1
~ (1
But
N
rO:rgxrr:E .......................... (2)
Substituting:
NW:E><—1—:2.65><i
rO
N T,
—=265x=2 .., 3
= A3)
Ex: 14. :
Crank engine of a vehicle rotates at (3800)rpm, if 1y is (2.78:1) &
1, = (4:55:1).

a) Find out engine speed in km/hr when the wheel radius equal

(0.375) m.

b) Calculate the torque at each of rear wheel when gear
efficiencies mg, M, is (0.94) , (0.95) respectively and engine

torque = (140) N.m.
c)



Performance Curves )Y cluialia

rds ) g all dagliag jall aga cp i)
(Variation of tractive effort & tractive resistance with speed):

Gpxe Gk o Bl Aoy aa sall agay Claglaall gsana inte gy J<A)
claglaal pyane Slinie o8 (5 cennennnnn. 2 1) Sloasdla . dahaa ahlasil gd,
goana (2) inidly (ggisa Gl (Ao Claglaall goana Jhia 25 (1) el of Gam
138y Sl ae 93 uhal (3) Pl e 3yl e claglaall

HsY eyl e Bladl a 2gns cliiaie J3d C 5B 5 A clgaid U
c Gl e Gl 458l

Blocdl 0l Claslidl goana re yal) aga iy larie adf cilgaial (e peamy
13 Ll clagliall g sana an ol aga (ssbedy badie ) Aejudl ) (Wi pw 2135) Jann
e Al desud) A (e pait) Walim sleadl old jal) aga e cilasliall culy
claglaall g gane pa gl g (gl
claglidl fsane Clinia 5 e, 32«1
cGma ik o lasliall gsaaa Jies 21
dile Gob e Glaglaall ggana Jia :2
ST e 53 ol e cilaglidl gsana Jia 13
A
Al Lty JsY) depud) o Bladl sa 2ga clinie i $ B
C

T. & T, (N)

BENROPPPESEN|JRVEN

\ 4

Speed (km/hr)



Gears
1- The number of teeth of the timing gear on a certain engine crankshaft

is (14) teeth and the meshing gear on the camshaft has teeth. If the

speed of the engine is (2400) rpm, Calculate: the speed of the

camshatft.
A compound gear train as shown in fig, find:
a) Gear ratio.
b) Speed of shaft (3) when shaft (1) rotates (2000)
rpm. B

Z=16

D
—

A compound gear train as shown in fig, Calculate: ¢

a) Overall gear ratio.
b) Speed of shaft (3).

c) Speed of shaft (2). ZE —
A

A gearbox as shown in fig, find gear ratios for fourwared
speed, when:
Z] =19. Ze Za

Zz = 40. = e ] Z,=35
Z;=11. N O O

Z4 = 34 — —
Z5 =21. N,
Zé = 32. | 5 ;:tl
Z7=29. zz oz 7
Zg =24,
A gearbox as shown in fig. If the number of teeth are as follows:
Z,=20.
Zb = 40. B D
Z.=18.
Zd = 36. A
o (oG
Zf = 32.
Calculate:

a) Gearbox ratio.
b) Speed of shaft (4) when shaft (1) rotates (1800) rpm.

A car with four — speed gearbox traveling in 2nd gear, the engine
speed (3200) rpm, engine torque (120) Nm, the constant — mesh
pinions have (25) and (40) teeth respectively (Z; & Z,). The 2nd gear
layshaft pinions has (25) teeth (Zs) and the meshing mainshaft gear

has (40) teeth (Z6).
Calculate:
a) Second gear ratio.
b) Speed of mainshaft gearbox.
c¢) Torque at out put gearbox.

Z=30

1700
rpm

Z=26

Z=20

Z:=40

7425



7- An engine develops a torque of (90) Nm at the flywheel at a speed of

(1500) rpm and drives through a gearbox which has a low gear ratio
of (3) to (1). If the efficiency of the drive is (9)%, what is the torque
and speed of the propeller shaft.

8- In a four — speed gearbox the constant — mesh pinions have (20) and

(35) teeth respectively. The second gear mainshaft pinion has (30)
teeth and the meshing layshaft gear has (25) teeth. If the rear axle ratio
is (5.5) to (1), Calculate: the overall gear ratio in second gear?

9- A motor car engine torque is (120) Nm, and the road wheel radius

(0.3) m. if the rear axle ratio (4) to (1) and gearbox ratio (4) to (1),
Calculate:

a) Maximum tractive effort.

b) Road wheel power, when the engine speed is (3000) rpm.

10-A vehicle traveling in first gear, has to exert a tractive effort of (2.4)

KN to maintain a steady speed of (18) Km/hr. First gear ratio in
gearbox is (4.2) to (1) and gearbox efficiency is (75)% and rear axle
has final — driver ratio of (5) to (1) and efficiency of (88)%, whilst the
rolling radius of driving wheels is (0.35) m. Calculate: the torque at
the engine crankshaft?

Gears Solution:

L.

2Z=26
N7, L 3
N, Z, — G
2400 48 A
N, 24 2 -
Ny= 1200 rpm. -
Z=30 Z=20
a) r:éxé
a ZC
r=£x§:2.44:1
16~ 20
b) r:&
Nd

2.44 =2000/Ng = Ngq = 820 rpm.



a)rzﬁ Zd 35 ﬂ
Z, Z, 20 25
b)r=—2
d
N
d
o Ne_Zg
Nd Zc
N, 40
=— —> N_.=971 pm=N
607 25 L
T VLW N WY
Z, Z, 19 11
r—é 26 40 32
A A TR T
A N
Z, Z, 1929
ry=1:1
I’Ing— ; rzzé—d— 5 r3:—z—f
Za ZC ZC
a) rg—éx—z-ix—z—f—
Za ZC Ze
_40 36 32
20 18 16
S
Ny
8:@9—)N4:225rpm8
Ny
Z
a)rzzzl Ze 300,561
Z, Zs T 25 25
N

6

1700 rpm

Z=20



2.56 :3;& —> N =1250 pm =N,

6

C) I'2 :‘—6
1

256=—5  T,=3072Nm=T,
120

T
r,=-2
E T
Tg=1, X T X1,
=3 x90x0.90
=243 Nm
also
. N
-
Ng
3=1500
Ng
Ng= 500 rpm

=22xZe 0,0 5
£ 7, Zs 20 25

I,=rgXr,=2.1x55=11.55:1

a) I,=Ig X1, =4x4=16
TW
oS
Ty=1,xTxnt=16 x120=1920 Nm
Ty =T. x Ry,
1920=T,x 0.3 = T.= 6400 N
b) r0=l
NW
16—-3-@9 — N, =187.5pm
N,
P =T, 27rN:1920x2nx187.5
= 37680 watt



11- A gearbox of 4 - speed ratio, the speed for maximum torque is (3000)

rpm and for maximum power is (4800) rpm.
Calculate: the gear speed ration?

12-A car with four — speed gearbox traveling in Ist gear. If the overall
gear ratio is (20) to (1) and the engine speed ratio is (1.6) find rear
axle ratio?

13-A motor car engine torque is (120) Nm, and the road wheel radius
(0.3)m. If the rear axle ratio is (4) to (1), the gearbox has 3 — speed,
engine speed ratio is (2) and the car is traveling in 1st gear.

Calculate:
a) Maximum tractive effort.
b) Road wheel power, when the engine speed is (2000) rpm.

14- A motor vehicle engine produce a torque of (140) Nm at speed of
(3800) rpm. First gear ratio in gearbox is (2.78:1) and gearbox
efficiency is (94)% and rear axle ratio is (4.55:1) and efficiency of
(95)%. If the diameter of the wheel is (75) c¢m, find:

a) Linear velocity of the wheel.
b) Torque of the wheel.

4) A gearbox as shown in fig, find gear ratios for forword speed, when

Z,=19. Z, 7 Zsg ?_éll

Zz = 40 ] F‘

74 =34, e

Zs=21. N N . —

Z6 = 32. N | :l:’

77 =29. |

Zg =24. Z 7, 2 Zs
Solution:

Z, z, 19 11

Z, Zo _40 32 _,,

I'2=— = — —= 3.
Z, Zs 19 21
Z
r3:éx—8:ﬂx%‘::1.74
Z, Z, 19 29
s = 1:1



10.

11.

12.

13.

14.

L,=I; X1, =42 x5=21:1
Ty =T. xR

TW:rOXTXnt ........... (T]:T]anr)
o (TexR) _ (24x1000x0.35)

(It xMg xn;)  (21x0.75x0.8)

Nr =3000 rpm , N, = 4800 tpm , =

N
K:_p:igggzlﬁ

N, 3000
Rg:kn-l
Ry =1.6""=1.6"=4.1:1
Ry =1.6""=1.6"=2.56:1
Ry = 1.6 =1.6:1

1'0220 ) K=1.6 , rr=‘?

I'g:Kn_l
=1.6""'=1.6"=4.1:1

Lo =Ty X1y

20=4.1xr1,

;. =4.96:1

r0=1'g><rr=4><4=16
also,

r_T
°T
Ty =1, T x1 =16 x 120 =1920 Nm
where n=1.
also,

Ty=T. xR

1920=T,. % 0.3

T. = 6400 Nm

a) ro="ry X1, =2.78 x4.55 =12.65
N_ 65 ko
\Y% R
N :rpm, V : km/hr, R : m

2800 _ 2.65(%j
v 0375

=66.6 Nm

?



V =425 Km/hr

OR:
I, =Ig X 1, = 12.65

12.65 =220
N

Ny =300.4 rpm  (<Dlaall glys0 4oy
V =ndN
(rx75x%300.4x 60)
V= <
10
=42.44 Km/hr

b)
No =g X N = 0.94 x 0.95 = 0.593

Tw=1,%xTxmn,
=12.65 x 140 x 0.593 = 1581.5 Nm

Torque for one wheel = ZZW— = 1_5_5;1_5 =790.75Nm

Qg - Engine with gear box of (3) speeds, Calculate the over all ratio it the
real axle ratio equal (4:1) and the max. speed ratio equal (2:1), Also
Find out the torque exerted on the rear wheel if its diameter = (0.6)
meter & engine torque is (120) N.m.
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Vehicle Suspension System




Vehicle Suspension System

1. Introduction:
ol s pailgil) dailgy ala¥ly AR Hpadll aadasss Blacdl lly U<
Gob oo Pl S ) Jas Al Gkl g A3l clarall 2688 Gails il 22a
((frame) (sl JUY) e LS5l ehall) Llead alldg ccfylay!
s Clarall e Hlaadl ClisSe Llas 8 aales ) el pen ol e
Bl G el s

2. Objective of suspension:
1 Galaal) aUas e 43
a- To prevent the transmission of the road shocks to the vehicle
components.
b- To give the stability to the vehicle while in motion.

c- To provide the particular height to body structure and to bear the
torque and braking reactions.

3. Springs:

s g cdansla 58 8l cass paliny o ardy e pas e Hle il

b 1as Laga (bl ol 53L3l1) il Joas jusal) s 555500 351 g ey LeaY!
ol ) die b L @y (il sea dls

4. Types of Springs:
e ol gat daiang dalide C¥lae (A Alarial) Galgdll e 2l 2ag
caday) diphy Wik ol L dens (A Al
feeh LS el Gl e (gl Caneat
a- Leaf (Laminated) springs. )

b- Helical (coil) springs.
c- Torsion springs.

S Bl A sty dedial) 8 Alsl st ) G IS 8 Jasiogy
Ll 5agal 3 Ayl palss Jasiay 38

s -l il 8 855 s ALEN daasll Sl pany A p2ddey A3
Ll (e 8 AN Galgill aladial 2 5] il



Leaf Spring
Al Galiaicl asiig (bl Galad sl 3 dedly y5uan F)sl) Gl Jastiay
oadlsill 038 Bl e Gohll b 580 e a3l Glal) 26Sy Lialeal) Cilarall
lehaass (e Jasyig lgwans (358 pags Jsdall (8 Aaydia Lovas sl Ae gana (se Bl
U a6 e clSule daulsyg centre bolt (555a (& Hauls
s QB e @3 aas dakad e 5ylae 5aalsl 43,4l
(oans 43l8 12gly ((gpamn) IS Lusha 09 4l Jana & (99S Larie il
485l auss .Semi — elliptical leaf spring (sgay 40d A)sll bl sl 234 4
e ek dal e 5 < e Leiles 0505 master (main) L 435l 445kl
Bl dSa
Stiffness of the spring:
A aaY) Ao adien paaldd) dibia o
Length of the spring.
Width of the spring.

Thickness of the spring.
Total number of the spring.

P D2 b =

Leaf Spring Stresses Calculation:
Laslay) oSass bending eliad) slea) s Aysl) palill o 554l sleal) of

LA A e
6WL
f,=——= e (1)
" bt
Where:
W = Load on the leaf spring end
L = effective length of the cantilevers spring W W
n = total number of the leaves l< 2L, >l
b® = width of the leaf
t = thickness of the leaf
|<—1 =
(—L-)| <1




Deflection:
AN A (e W Jaall Aoy (madlill laie sl oS
= 2f, 12
3Et

Where:
E = modules of elasticity

Calculation of spring leaves length:
tol Cun (2L) 58 igall el Jola of asdls I <A (e
2L = 2L1 - 1
Where:
2L = effective length of spring
2L; =Full length of the spring (over length)
1 =non effective length of the spring (width of band)

\\ \\
(Sl (<Al 5 A3y IS Joba il <« 2L, )i
(1) anly oy bpinall Tyl o s i O
ul}“L;._\;} .......... ‘S3‘Sz\—€:\h‘é—-‘“
(Sm) Aoyl
s I dayel { \,
_ o) aysll Jsha L’I 7 FT
Slz 1 1+I
n-1
82:2L1_1X2+I
n—1

Al e Lok alasd Sar g AtV A8y img 31 Jlghal o 13Ka
a.td)
Sm=2L, +n(d+t)x2
Where:

d =inside diameter of eye
t = thickness of the leaf



Ex: 1

A locomotive semi — elliptical laminated spring has an overall length
of (107)cm and with of (5)cm, sustain a load of (3.56)KN at its center.
The spring has one full length leaf which has a circular diameter of
(1.5)cm, and seven graduated leaves with a central band of (5)cm
long. If the bending stress of the spring is (344x10%N/m’ and
modulus of elasticity is (206.9x10°)N/m".

Determine:

a) Thickness of the leaves.

b) Deflection of the spring.

c) Length of each leaf.

Solutions:
< 2L 1-107 >
N -y _(7-s) .
2 2
6WL
nbt >
6x1.78x10° x 0.51 =
344x 100 = 272270 X
(8 x 0.05t2)

t? = 0'130945 8 t=0.629%x10> m=6.29 mm

2 8_2be2 . 2x344x10°x0.512
(GE)  (3x206.9x10° x6.29x107°)
=0.0459m =45.9mm

3) Sl:2L1_1><1+1:107—5><1+5:19.59cm

S, = 075 i s—3414em

S, = 075 s 5—487cm.

tgnl) 8,50l sk f Sy, Ss, S, S7 raysiall Gl ks Jlshf aas 13,

Sp=2L, + 27 (d + 1)
=107 + 27 (1.5 + 0.628) = 120.36 cm



Ex: 2

A leaf spring has an overall length of (100)cm and sustains a load of
(70)KN at its center. The spring has (3) full length leaves and (15)
graduated leaves with a central band of (10)cm long. All the leaves are
to be stressed to (400)N/mm” when fully loaded. The ratio of the total
spring depth to that of width is (2), E = (2000)N/mm”.

Determine:

a) The thickness of the leaves.

b) Width of the leaves.

Solutions:

a) L= (2Ll —1):(1072_10)=45 cm. =450 mm

2
@=2 —> | b=09t
b
. _6WL
b nbt?
3
400 = 8% 35x10 "2450 t =11.3mm =12 mm
(18><9t><t )

b)b=9t=9x 12 =108 mm = 10.8 cm.



Ex: 3

A semi — elliptical laminated vehicle spring to carry a load of (3000)N
is to consist of seven leaves (6.5)cm wide, two of the leaves extending
the full length of the spring. The spring is to be (110)cm in length and
attached to the axle by two U-bolts (8)cm a part.

Assuming an allowable stress of (350)N/mm’, modulus of

elasticity (2.1x10°)N/mm’. and the master leaf has a circular

diameter of (1.5)cm.

a) Thickness of the leaves.

b) Deflection of the spring.

c) Length of the leaves.

Solution:

2W=3000N — .. W=1500N,n=7,b=6.5cm=65mm
2L, =110 cm ,/= 8cm = 80mm ,f= 350 N/mm’, E = 2.1 x 105 N/mm>
201—-1 110-8
L= =
2 2
1) thickness : 148 )6 lacs Aoy
_ 6WL
(nbt?)
6x1500x510
(7 x 65t%)
- t£=129.5936
t=5.44 mm = 5.5 mm

=51cm=510mm

fy

350=

2) deflection <al=ay)
s_2M _ 2x350x5107

" 3EL  3x2.1x10°x5.5
=52.5mm=5.25¢cm

3) Length of the leaves: taheY) Jeha alasy
2L, — -
S = L 1><1+I:Mx1+8:25 cm
n-1 7-1
s, =2l 108 i 8-40 em
© n-1 7-1
53:21'1_I><1+1:Mx3+8:56 cm
n-1 7-1
Sy=----- =72cm,Ss=----- =88 cm, Sg=----- =104 cm

tlglgh alanYy duiyll 43l 2 Al &8)glly ( JalS Jshas daaliadlg deaali) 436l
Sm=2L;+m(d+t)x2
=110+ n (1.5+0.65) x 2
=135 cm.



Helical (Coil) Spring

Ao giead) saldly Sl HLaAN g . cane S 53l (e alsl) Gl piay
u}:)S.“ 9_“.9 Wl Bale (ge — dale 8)guaig . o) ?\Jilu\ Jac Lﬁ))lé [EEWERR VA
Types of Coil springs:
a- Compression helical spring.
b- Tension helical spring.

Aaii «shearing stress» (aill sleal sa (sl s3a o Jigall algal) 05

el o adl ol il el olaly

Spring Terms:

l.

Solid length (L): It is the length of a coil spring when it is
compressed until the coils come in contact with each other.
Ls=n"d
When , n' = total number of coils , d = dia of the wire.
Free length (Lp): It is the length of a free coil spring
(uncompressed).
Li=n'd+ 8y + (n'—1) x 0.1
Spring index (C): It is defined as the ratio of the mean diameter of
the spring to the diameter of the wire.
C = Dm — (Do _d)

d d
Spring rate (spring stiffness or spring constant) (R) : It is the load

. : . : W
required per unit deflection of the spring. R = r

Where , W =load, & = deflection of the spring.
Pitch of the coil (P) : It is the axial distance between adjacent coils
in uncompressed state.
L¢
n' -1




Coil spring stresses calculatien:
898 ad 35 aliail ol il e Teja cpn IS
W )s
T A ases W ol ol s gl gl
tap palill A sall M ase o

T=Wx2m (1)
2
tajall of LS
3
td
T=fy<—— ... (2)
16
foasgnillig
3
W x D, _find
2 16
. 8WD
= nd3m ................ 3)
Where :
f, = shear stress induced in the wire

W = axial load on the spring
D, = mean diameter of the sptring
D = dia. of the spring

1 WS (3) Al Aalaall 468 Ky



Where :
K = shearing stress factor
(Wahl's factor)

O lly (AY) slaall G oalas) oSas s2ly palll lgal Jalae 98 K of Cum
toalll Ay e lalad adiey K Al of

4C-1 0.615
K= +
4C -4 C
Deflection of helical spring:
5= 8nWD>p
(Gd*)
Where :
N = number of active turns
G = modulus of rigidity for spring material

Ex: 4

A helical spring is made from a wire of (6)mm diameter and has an
outside diameter of (7.5)cm. If the permissible shear stress is
(350)MN/m’ and modulus of rigidity (84)GN/m’, find the axial load
which the spring can carry and the deflection per active turn.

Solutions:
Dn=D,—d=0.075-0.006 =0.069 m
c=Dm _008 . &
d 0.006

K = 4C-1 0.615 4x11.5-1 0.615

_ + = + =1.125
4C—-4 C 4x115-4 115

¢ _SKWD,
T (nd)
350%10° :8x1.125xWx;).069
(rx (0.006)°)
W =3822N
o SW(D,,)’n
(Gd*)

S _8W(D,)’ 8x382.2x(0.069)°
n Gd* 84x10° x (0.006)*
=9.22 x 10° m = 9.22 mm.

cillad 24 JS0 Cilpay) ok



Ex: 5

A helical spring has a mean diameter of (25) mm and the diameter of
the wire is (3) mm. if the shear stress 441 MN/m’ and the total
deflection of spring is (25) mm, find the load carried by the spring?
and the number of active turns. Modulus of rigidity is (86.2) GN/m”.

Solutions:

D, 0025 .,

d 0003
i 4x833-1 0.6l

 4x833-4 833
_ 8KWD,,

f =
(nd?)

=1.176

S

8x1.176 x W x0.025

441x10° = >
(1% (0.003)%)

W=159N
8W(D,,)’n
(Gd*)
saslill Gld dae ilal
8x106.5x (0.025)% xn

86.2x10° x (0.003)*

n = (13.107) active turns = 14
n"=n+2 =14+ 2 = 16 total turns.

8=

0.025=

Dn,=25mm,d=3 mm.
f, = 441 MN/m’

S=25mm, W=7 n=?,

G = 86.2 GN/m’,



Ex: 6
Design a helical compression spring for a maximum load of (1000) N

for a deflection of (25) mm using the value of spring index as (5)
stress, shear (420) N/mm?, modulus of rigidity (84) KN/mm®, Wahl's

factor:

4C-1 O. . ..
= C + e , where C is spring index.
4C-4 C
Solutions:

W=1000N, S=25mm, C =5, f,=420 N/mm’ , G = 84 KN/mm’
K_4><5—1+O.615

= =1.31
4x5—-4 5
¢_Dn
5=-Dd—m > D_=5d
SKWD
fi=—"73"
(md”)
420=8><1.31x13000x5d
(nm”)

d>=40 = d=6.3 mm
D,=5d=5x6.3=31.5mm
D,=D,,+d=31.5+6.3=37.8 mm
D;=D,-d=31.5-6.3=252mm

5 8W(D,,)’n
(Gd*)
3
25— 8x1000x (31.5)” xn

(84x10° x 6.3%)
n=13.23 = 14 active turn
n"=n+2=14+ 2= 16 total turn
L;=n"d=16 x6.3=100.8 mm
Li=n"d+0p+(n"—1)%x0.1

=100.8+25+ (16 —-1) x 0.1 =127.3 mm
Pitch of the coil:
_ L
(n'—1)
1273
(16-1)
= 8.84 mm




Ex: 7
Design a close coiled helical compression spring for a service load
ranging from (225) kg to (275) kg. The axial deflection of the spring
for the load range is (6) mm. Assume a spring index of (5), shear
stress (420) N/mm’, Modulus of rigidity G = 0.84 x 10> N/mm’.

Solutions:
W, =225kg=2250 N, W, =275 kg =2750 N
;. W=275-225=50kg=50x 10=500 N
§=6mm, C=35, f,=420 N/mm?*, G = 0.84 x 10° N/mm>
(2750 N) o)lste das (ead 05l Galil) had Jassgia slagly agtice : Yol

5= - D, =5d
d
8W,D

nd®
8x2750x5d
3

f =

420=
nd

8x 27505
nd?

d* =78.1279 ,  ~.d=8839mm _all el i

Do =Dm + d = 44.195 + 8.839 = 53.034 mm

Di=Dm - d = 44.195 — 8.839 = 35.3 mm

420=

5= 8W(Dm)3n
Gd*

. 8x500x (44)°n

0.84x10° x (8.8)*
..n=89 =9 Aleal) el dae
n=n+2=9+2=11 LY ) sae

(2750 N) 552l ¢y ol I Calai¥) slagly agis oY)

5 :8><2750x(44)3 X9 _ 33

max

0.84x10° x (8.8)*
Le=n"d+8mx+ (@0 —1)x0.1 toall Jghall
=11 x88+33+(11—1)x0.1=142 mm

L 142
o f - =142mm : il sghs
-1 11-1) o




Ex: 8
The following are the data for a helical spring used for an engine:

Length of the spring when value is open =4 cm,

Length of the spring when value is closed =5 cm,

Spring load when value is open =400 N,

Spring load when value is closed =200 N,

Inside diameter of spring =2.8 cm,

Max. shear stress =40 MN/mz,
Modulus of rigidity =8 x 10 GN/m’.

Design the spring. Take the Wahl's factor,
4C-1 0.615
K= +
4C-4 C
Solutions:
4C—-1 0.615 4x72-1 0.615
= + = . 2 =1.2
4C-4 C 4x72-4 72

, where C is spring index.

¢ Pu
d
7.2=—Dd—m —> D,=72d
400 N = Jes oail dic il i laigia alagly Ak 1 Yl
8W,D
fs: 23m
nd
40 % 10° _ 8x1.2x400x7.2d
nd?
40%10° _ 8x1.2x400x7.2
nd?

d*=0.00002304, d=0.0048 m = 4.8 mm
Dn=72%x4.8=3506mm=3.5cm

d=5-4=1mm=0.00l m toall A Cahady) s
tlalaie Boal Aag (alacaiyl) Calasy) 138 sy

W =400 —200 =200 N

8W(D,.)’n

Gd*

8% 200 (0.035)° xn

(80x10° x (0.0048)*)

S.n=9.25=10 turns sl el sae
n=n+2=10+2=12 ;Y @l sae

o=

0.001=




:(400 N) 848 (e GJCJ\ L“;SJ\ cahal alag) aan el Jsdall ol
_8W(D,,)’n
-~ ad
_ 8x400x(0.035)° x10 _
 (80x10° x(0.0048)*
=0.0323 m=3.23 cm
L;=nd+9,, +(n—1)x0.1 sl Jehall
=12%0.48+3.23+(12-1)x 0.1 = 10.09 cm

L, 10.09
= = =0.917cm tualdll sghad
m'—1) (12-1) o

S

max
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Belts
e e GhS Jleaaialy AT e A 50 agae (pa 528l Ja] Herd) Jaxios
VPSSV

Tvypes of Belts:

t st Wgahie U8 s gaall (e glsif 2
1. Flat belt:
Sl 0sS5 Cas 5l Jaleall (8 sole Jasting . dolaiss JSG e dadaia (5S0g
AL Gl 8 allaxtialy Ak Aoyl Sy 55S Alsinall
2.V —belt:
Jaxianrg mdasall el (e 58T 508 Jid sale Jarin V Cipa <8 e )
s Bygea Sl 3
3. Circular belt (rope):
2 ez LA dlall Cale yllg dallad) clyaal) Jaal Jantwn &L&A\ Gl el
Ak dga (e of acliaally coladl)l dlla o LS Laos e (e pieay Mg L ALE Gl
EFIFERERN IV L RE L

Types of belts systems: el AadaY dautyl) £ 1959
1. Open belt drive:

2. Cross belt drive:
Calail gheas g cjlgtia (pygaa Gpo A8 Ja aie ol 1aa Jaxig

(- >



3. Belt drive with idler pulley: Bl Ayl e mguall ) ol
5aly) Sy ChSlly el ( alaill ag8 50l sa olaill aa 8 5al) 5, 53l

sl b )
T Q
4. Belt drive many pulleys LA daxia ) sl

o Jlaatialig jlgia glae Bae (Al jena (e ALl Jas vie aUail) 138 Jartin

caalg

Speed ratio of belt drive:
Gl U AV laall dgaally Siall dgandl (Ao el st daws lus (Say
vl Aoy o ol dgenll deps AN Haall dgenll Ao ju aaad S (e

toa Yl

N, = speed of driver , N, = speed of driven

d; = dia. Of driver , d, = dia. of driven



N, _d,

". speed ratio = — =—=
N, 4,
—: YIS (58 Aoyl Aaasi o8 clilially ) dlaws jlae) s g
N, (d,+1)
N, (d;+1t)
Power transmitted by belt:

Let
T, =tension in the tight side.
T, = tension in the slack side.
V = belt speed (m/sec).

.. Power ,P=(T;-T,) V

Ex: 1, 2, 3.
slack side
tight side
Total Length of belt:
a) Open belt:
2
L=2C+(D+djn+ ©-d)
4C
D
0




b) Cross bet:

2
Lozc.(224):, @20
2 4C

Angle of Contact:
a) Open belt:

ol LS Bpsiall S0 ol gl Sl
0=180—2a
1D-d

2C

o =Sin

b) Cross belt:
0=180+2a.
1D+ d

2C

o =Sin

Ex: 4, 5.



Belts
. The tension on the tight and slack sides of a belt drive are respectively
(2.5) KN and (1) KN. The belt pulley is (600) mm diameter and
rotates at (105) rev/min.
Calculate the power transmitted by the belt in kilowatts.
. A pulley — mounted on the crankshaft of an engine has an effective
diameter of (150) mm and drives a dynamo pulley of (100) mm
diameter by means of a belt. If the engine runs at (2800) rpm.
Calculate:
a) The speed of the dynamo pulley.
b) The speed of the belt in m/sec.
. A flat belt transmit (15) KW and drives a pulley (450) mm diameter at
(420) rpm. If the maximum tension on the driving side is three times
than on the slack side, Calculate the tension on both sides?
. The diameters of two pulleys are (100) mm & (120) mm respectively,
the distance between their centers is (300) mm.
Find:
a) The length of a belt required for open & cross belt.
b) Angle of contact of belt with pulley for opened and cross belt.
. AV — belt transmit power from an engine to a compressor rotates at a
speed of (1250) rev/min.
Determine:
a) The diameter of the compressor's pulley.
b) The belt length.
¢) The angle of contact of belt with pulley.

Belts
Solutions:
Belt speed, V =ndy Ny, = 2 X 000 X 105 _ 3.3 m/sec.
7 1000 60

Power,P=(T, - T,)V
= (2500 —1000) x 3.3 =4950 watt =4.95 KW

Na _ db
N, d,
2800 100
N, 150
Ny=4200 rpm.
22 150 2800

b) Belt speed, V=nd N, = — x —— x—— =22 m/sec.
7 1000 60

a)



OR: \Y% =7L'deb =

dy=450 mm, Ny=420 rpm, P=15 KW, T,=3T,, T,=2, T,=?

V =nd,N, :Exf—s—o—x@:9.9m/sec.
7 1000 60 B
o
15000=(3T, - T,)x9.9

T,=758 N
T,=3T, =3x758=2274 N

2
a) L, =2C +(D;’ djn + m:cd)

120 +100 - (120 + 100)2 3
4 %300

:2><300+( 946 mm

12
Lc=2C+(D+djn+(D 9
2 4C

2
=2x300 +(M)n+w=985.55mm
2 4 x 300

b) For Open Belt:
0=180-2a
1 D-d _Sin-! 120 —100
2C 2x300
0=180-2%x19=176.2°
For Cross Belt:
0=180+2a
1D+ d
2C
| 120 + 100

0=Sin"'——— =Sin"10.366 =21.5°
2 % 300

. 0=180+2x21.5=22%3°

o = Sin ~Sin10.033 =1.9°

o=Sin

C=75 cm, da=10 cm, Nx=2750 rpm
Np=1250 rpm, a) dg=?, b) L=?, ¢) 6=?
N, _dg
Ny dy
2750 d,
1250 10

a)



dpg=22 cm yeuyasSll 55, 5ykad

| e
b)L=2C+(D+d)n+(D d)
AC
_ 2
=2x75+(22+—10)n+£22—10)=200.76 cm Hudl Jsha
2 4% 75
¢) 6=180—2a
a=sn 12t _gin-122+10 o 1591333 —12.3°
2C 2x%x75

5. 0=180—-2x12.3=180-24.6=1554



CHAINS

ton LKAl ol 3 0585 LASA Ji il (s3a] oa —:Alulud)

(2) 8liie 53V (1) 5256 Laalas) sprockets cyilac s dlul
i alaly 3959 ald Getian (halad) Calis sale
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Power transmitted by a shaft

Ll aga 28l Ji glad auaaty 5padll Jail addiey Jlsd sha 54 —:dgmanl)
5l ol s (M (9955 g 5oLl (pe Aipma kel 6 Jaal) 5€55 Caiat) g aamall
.J)ij\ g}&:\
L clallaadl) A (55 pal) (pe Alal) o3n
Ul A0S ali Jaa ) 53le ayaty Lerie 1(Direct stress) abua) slgay) -1
sl cslindl alga) cdaliail alga) cad alga) 135 a8 slgaYls Of =¥ algat
ol alga)
oL o ey ; .
g-L_ cdas A lgzapas die Balall sgdn ulide 54 :(Strain) Jlay! -2
dbaall slgal (o Lol & :(Modulus  of  elasticity) dssalll Jales =3
=L Jlaii¥ g
&
hst aye sl S are  sala gy sa {Pure (Simple) torsion} aul S -4
ol Wysae Jsa
P(JSE JaaY) N Aglyg il alga) G A -5

f; = shearing stress.

R =radius of the shaft.

G = modulus of rigidity.

6 = angle of twist (in radian) in length L.




Lalall ayall dabas o cana KU aglaall el s sl Jal o sdagladd) J ade —6
.J‘}AA‘ ‘;lc
:Z\:Jtﬂ\ :u_yASL, Lfk’fj

4
ULV VS P )
2 R R
N T 2 S

.J}Aaﬂ ‘_5_‘4):.“ C.Lul\ dalidl ‘_;1\.\]\ ‘;;Il:ﬂ“ ?)’d‘ (g J:T : (.:)\QP
f

I:—S:G—e ............... 3)

J R L

Pl WS Cisae ageeg alia dgae Al adall ala) Sa oY
a) Solid circular shaft of dia. (d) :

nd’
T=—1f ... 4
T “4)
b) Hollow circular shaft of outside dia (D) and inside dia. (d):
4 14
r=gD = (5)
16 D
1 gand) Aaclgy dlgaial) 5y0all =7
Power transmitted by a shaft,
pTx 2N (6)
60
Where
T =torque in Nm
N = the shaft speed in rev/min.



Ex: 1

A specimen of steel, (20) mm diameter, showed that the elastic limit
shear stress was reached when the torque applied was (220) Nm. At
this condition, the angle of twist on a length of (200) mm was 2.3 .

Determine the modulus of rigidity, and the elastic limit shear for this
material.

Solution:
R* 4
Polar second moment, J = LN %
4
10 5600n mm?
. . 23 "
Angle of twist, 6 =2.3" = F=1 =0.04 red (1 rad =57.3)
T_Go
J L
220 x1000 G x0.04
5000 7 200
G =70x10° N/mm”
=70 KN/mm® =70 GN/mm’ =70 KN/m’
T_%
J R
TR 220 x10°

Shear stress, f; =

=140 N/mm ? =140 MN/m 2
J 50007



Ex: 2

A tubular steel propeller shaft, (1.25) m long, has an outside diameter
of (50) mm and an inside diameter of (43.5) mm.
Determine:

a) The torque which can be transmitted by the shaft if the shear stress
is (15) N/mm’.

b) The power transmitted if the shaft makes (3000) rpm.
c) The angle through which the shaft twists.
(Take G=85x10° N/mm?).

Solution:

n (D'=d*) m 15( 4 4
T=—f =—x—((50)* - (43.5
16 S[ D j 16 50(( )l ))

T=157.3x10°> Nmm =157.3 Nm

Power, P=T x z2d
_157.3 x 2723000 _ 46 4 % 10° watt = 49.4 KW
f, _ GO
R L
2f L

.. Angle of twist, 0 = (D =2R)

g 2x15x1.25x10°

(85%10° x 50)
=0.0088 rad
=0.0088%57.3=0.5




Ex: 3

Determine the diameter of a solid steel shaft which can transmit
(33) KW at (1050) rpm, if the shears stress in the material is not to
exceed (60) N/mm”.

Solution:

2n N
60

33000 =T x

Power, P=T x

21t x 1050

ol T=300 Nm =300000 Nmm

6
ey £i=60 MN/m® =60 x % =60 N/mm’
: 52 "'d" ok ala dgeal a3al) (Vg
LY
16
3

300000 =™« 60

16
d’=25460 mm’

. d=29.42 mm dgaxll ,lad
Ex: 4

A specimen of brass, (12) mm diameter, showed that the limit of
proportionality was reached when the torque applied was (8.25) Nm.
Under this condition, the angle of twist on a length of (400) mm was
(2.35). Determine the modulus of rigidity and the stress for the
material.

d=12 mm, T =8.25 Nm, 0 =2.35°=§—'73—§=0.04 rad
L =400 mm, G =2, f, =2

T GO

T L

~nd* wx(12)*
= =

. 825x10° G x0.04

" 2036.57 400

- ‘%5 N/mm % = 40.5 GN/m 2

J =2036.57 mm*

G
T_ &
J R

¢ TR _825x10°x6

| 2036.57
=24.3 N/mm’
= 24.3 MN/m?




Ex: 5

The propeller shaft of a car is the form of a hollow tube, (50) mm
outside diameter and (3) mm thick. Determine the maximum shear
stress in the tube when the shaft transmits (52) KW at a speed of

(4000) rev/min.

Solution:

D—_d:3mm — d=44mm

2t N
60

52000 =T x

P=Tx
27t x 4000

T=124 Nm
4 _ 4
T:Efs D" -d
16 D

(50)" - (44)*
50

124x10% ==,
16

fy =12.64 N/mm2
=12.64 MN/m2
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POWER TRANSMISSION SYSTEMS AND PULLEYS

When the power is to be transmitted between two co-axial shafts, connecting elements
like couplings or clutches can be employed on the other hand, if the power is to be
transmitted between two non co-axial shafts but may be kept parallel or non parallel and
at some distances, we need some intermediate driving elements like belts, chains, or
gears. When the co-axial shafts are connected by couplings, their speeds will not differ
whereas we can reduce or increase the speed of driven shaft through these intermediate
driving links .Shortly saying that the drives are the intermediate mechanism between the
driving and driven shafts in order to transmit the power or energy produced in one
machine to another or between two members of a machine along with the variation of
shaft speeds.

The belts or ropes are used to transmit power from one shaft to another by means of
pulleys which rotate at the same speed or at different speeds. The amount of power
trans- mitted depends upon the following factors :

1. The velocity of the belt.

2. The tension under which the belt is placed on the pulleys.
3. The arc of contact between the belt and the smaller pulley.
4. The conditions under which the belt is used.

It may be noted that

. The shafts should be properly in line to insure uniform tension across the belt section.

. The pulleys should not be too close together, in order that the arc of contact on the
smaller pulley may be as large as possible.

. The pulleys should not be so far apart as to cause the belt to weigh heavily on the
shafts, thus in- creasing the friction load on the bearings.

. A long belt tends to swing from side to side, causing the belt to run out of the pulleys,
which in turn develops crooked spots in the belt.

. The tight side of the belt should be at the bottom, so that whatever sag is present on
the loose side will increase the arc of contact at the pulleys.
In order to obtain good results with flat belts, the maximum distance between the
shafts should not exceed 10 metres and the minimum should not be less than 3.5
times the diameter of the larger pulley




CLASSIFICATION OF POWER TRANSMITTING DRIVES

Modern machines utilize mechanical, hydraulic, pneumatic and electrical drives. The
design principles of some commonly adopted mechanical drives are discussed, i.e,. the
power transmitting elements may be mechanical items.

Mechanical drives may be classified based on the following conditions.

a) According to the physical conditions of transmission they may be classified into.
i) Friction drives such as belt and rope drives, and
ii) Toothed drives such as gears and chain drives

b) According to the method of linking the driving and driven members, they may be
grouped into,

i) Drives with direct contact between the driving and driven members such as gears,

ii) Drives with an intermediate link between the driving and driven members aauch as
belts, ropes and chain drives.

c¢) According to positions of shaft axes as,

i) Flexible drives: Here the slight variation of shaft axes from parallelism may be
permitted because this variation will not affect much the proper function of drive and
also the slight variation of centre distance may not be minded much.

Ex: Belt drives, rope drives, chain Drives.

ii) Rigid drives: Here the variations of shaft axes from parallelism and centre distance
will not be permitted because of the rigid construction and direct contact of the driving

and driven members.

iii) Ex: Gear drives.

ELEMENTS OF A POWER DRIVE

Each transmission mechanism comprises two essential shafts namely the driving(input)
shaft and the driven(output) shaft.

The members of power suppliers, Ike shafts and pulleys of a motor are called as driving
members and the members of power receivers like shafts and pulleys of a machine(say
lathe or Rice mill) may be called as driven members.

Each drive, whether it may be a belt, chain, or gear drive, has its specific features and
fields of application. The choice of drive depends on the amount of power to be
transmitted, peripheral distance between the axes of the mating members.




BELT DRIVE:

It is @ mechanical drive in which the driving shaft and driven shaft are connected by a
flexible link(i.e belt) through pulleys mounted on the shafts.

Generally, the belts and chin drives are called as flexible drives because they allow the
designer considerable flexibility in location of driving and driven machineries and
tolerances are not critical as in the case of gear drives. Another advantage of flexible
drives, especially of belt drives, is that they reduce vibration and shock transmission.

SELECTION OF A BELT DRIVE

Following are the various important factors upon which the selection of a belt drive
depends:

1. Speed of the driving and driven shafts,

. Speed reduction ratio,

2
3. Power to be transmitted,
4

. Centre distance between the shafts,
. Positive drive requirements,

. Shafts layout,

. Space available, and

. Service conditions.

TYPES OF BELT DRIVES
The belt drives are usually classified into the following three groups :

1. LIGHT DRIVES. These are used to transmit small powers at belt speeds upto about 10
m/s, as in agricultural machines and small machine tools.

2. MEDIUM DRIVES. These are used to transmit medium power at belt speeds over 10
m/s but up to 22 m/s, as in machine tools.

3. HEAVY DRIVES. These are used to transmit large powers at belt speeds above 22 m/s,
as in compressors and generators.
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CRANK SHAFT

A crank shaft ( i.e a shaft with a crank ) is used to convert reciprocating motion of the
piston into rotary motion or vie versa. The crank shaft consists of the shaft parts which
revolve in the main bearings, the crank pins to which the big ends of the connecting are
connected , the crank arms or webs (also called cheeks) which connect the crank pins and
the shaft parts. The crankshaft, depending upon the position of crank, may be divided
into the following two types.

1. side crank shaft

2. centre crank shaft.

The crankshaft, depending upon the number of cranks in the shaft, may also be classfied
as single throw or multi-throw crankshafts. A crankhaft with only one side crank or centre
crank is called a single throw crankshaft whereas the crankshaft with two side cranks,
one on each end or with two or more centre cranks is known as multi-throw crankshaft.

The side crankshafts are used for medium and large size horizontal engines.

MATERIAL AND MANUFA CTURE OF CRANKSHAFTS

The crankshafts are subjected to shock and fatigue loads. Thus material of the crankshaft
should be tough and fatigue resistant. The crankshafts are generally made of carbon
steel, special steel or special cast iron.

In industrial engines, the crankshafts are commonly made from carbon steel such as 40 C
8,55 C8 and 60 C4. In transport engines, manganese steel such as 20 Mn 2,27 Mn 2 and
37 Mn 2 are generally used for the making of crankshaft. In aero engines, nickel
chromium steel such as 35 Ni 1 Cr 60 and 40 Ni 2 Cr 1 Mo 28 are extensively used for the
crankshaft.

The crankshafts are made by drop forging or casting process but the former method is
more common. The surface of the crankpin is hardened by case carburizing, nitriding or

induction hardening.




DESIGN OF OVERHUNG CRANKSHAFT

Overhung crank shaft or side crankshaft of one crank pin, one shaft part (i.e Jounal ) and
one web which connects the crank pin with the journal. When designing the crankshaft, it
is required to discuss about the nature of stresses induced in various parts of the
crankshaft.

Let

F = Force transmitted from connecting rod to the crankshaft

A = Area of cross section of crank pin

L = Length of crank pin

d= Diameter of crank pin

w — width of crank web

t = Thickness of crank web

r = Distance between axes of crankpin and journal (i.e crank radius)
x =Distance between the centres of crank pin and journal

© = Angle of inclination of crank from inner dead centre

» = Angle of inclination of the connecting rod with the line of stroke

s = Angle between crank and connecting rod
Fr = radial component of force

Ft= Tangential component of force

Sb= Allowable bending stress

Ss= Allowable shear stress

Sc= Allowable crushing (or) bearing stress.

STRESS INDUCED IN THE CRANKPIN

When the force is transmitted from the connecting rod to the crankshaft, the crankpin is
subjected to three types of stresses namely,

i) Plain shear stress due to direct shear force
ii) Bending stress at the fixed end due to the bending moment

iii) Crushing (or) bearing stress acting over the projected area




At any crank angle ©, the force F can be resolved into radial component of force Fr, and
tangential component of force Ft. Their magnitudes are

Fr = F cos(6+@) and Ft = F sin(6+0)

In the case of crank pin, these componetnts of force will not produce any effect on the
pin and hence, for the design of crankpin, the actual force F may be considered for all
positions of the crank.

Now, the various stresses induced in the crankpin are evaluated as follows.
Plain shear stress Ss= F/ A = 4 F/ nd?

Bending moment at the fixed end M = F x (I/2)

(Assuming the force is acting at the centre of pin) Hence bending stress Sb = 32M/nd?

=16FI/nd?
Bending stress Sc= Force/projected Area = F/I.d

It is found that the bearing pressure is a limiting factor in design as it insures proper
lubrication.

STRESSES INDUCED IN THE CRANK WEB

Since the force acting on the crank web is having different values for different positions
of the crank with respect to the line of stroke, the web is designed based on maximum
loading conditions. Usually two positions of crank may be considered for the web design,
that is, at zero crank angle and when the included angle between connecting rod and the
crank web is 900. When 8 =0, the radial component Fr = F and tangential component Ft =
0. Similarly when B =900, Ft = F, and Fr = 0. For other positions of crank, the force is
resolved into radial and tangential components and the corresponding induced stresses
are evaluated properly.

The various induced stresses in the web at any crank angle are AS FOLLOWS.
I) Direct (or) axial stress by radial force

Il) Bending stress due to radial force

lIl) Bending stress due to tangential force.

Direct stress So = Fr / w.t

Bending stress induced in the web due to eccentric application of radial force,
Ser=M /2

i.e Spr=(Fr(l/2 +t/2)) / ((1/6) x wt?

=3Fr(l +t) / wt?




Bending stress induced in the web nearer to the main journal,
Sbt=M/Z=Ft.r/((1/6) x w’t

= 6Ft.r / t.w?
Resultant maximum stress acting on the web,

S =S, + Spr +Spt.

STRESSES INDUCED IN THE CRANK-SHAFT NAIN JOURNAL

The main journal of the crank shaft is also designed similar to web based on induced
bending and torsional stresses corresponding to maximum loading positions. The induced
stresses on the main journal are

I) Bending stress due to radial force
II) Bending stress due to tangential force

IIl) Torsional shear stress due to tangential force

Bending stress due to radial force,

Ser = 32M/D3nt = 32F,.x / nD?

Bending stress due to tangential force,
Spt=32M /nD® =32 Ft.x / n D3

These two bending stresses are acting at right angles and hence the resultant bending
stress is given by

Sb=VS,%+Sp?2 =32 /nD3(VF2+F2x)=32Fx/nD3
Torsional shear stress due to tangential force,

Ss = 16T/ n D?® = 16Ft.r / n D?

Since the main journal is subjected to bending stress and shear stress, the induced
equivalent bending stress and shear stress must be found out.

Equivalent bending stress, Sbe = % [ Sb + VSp? + 452 ]

Equivalent shear stress Sse = % [VSy? + 4S.?]




Also the main journal must be checked for bearing pressure. For the optimum design of
crankshaft, the dimensions of crank shaft parts are selected in such a way that the
induced stresses should be less than their allowable values.

DESIGN OF CENTRE CRANK SHAFT

In this type of crankshaft, one crank pin is supported by two webs and the webs are fitted
with main journals at both ends. Since the crankshaft resembles a simply supported
beam with central loading, the force received from the connecting rod is shared equally
by the two journals and the maximum bending moment is developed at the centre of
crank pin.

Centre crank shaft is divided into single crank type ( or single throw ) and multi crank type
(or multi throw) depending upon the number of crank pins , which may be employed in
single cylinder engine or multi-cylinder engine. For the single throw and multi throw
crankshafts, the number of crankpins, webs and the main journals required are as
follows.

If we consider as

np = Number of crank pins

nw= Number of webs

nj = Number of main journals.
Then for single throw crank shaft.
np=1nw=2,nj=2.

For multi throw crankshaft, the number of main journals is usually one more than the
number of crankpins. However, the number of main journals and web can be reduced,
excluding some between the crankpins, if the rigidity of the crankshaft is increased
sufficiently.

i.e for multi throw crank shaft, (say, for four crank model)

Np=4,nNy=2,n,=8,nj=np+1=5

(or) np =4, ny, =6, nj=3 (in special case)

Similarly for six crank model

Np =6, Nw=2n,=12, nj=n,+1=7orn, =6, n,, =10, n;=5.

DSIGN OF SINGLE THROW CRANK SHAFT




The single throw crank shaft consists of one crank pin, two webs and two main journals
which are rotating inside the main bearings.

The stresses induced in various parts are discussed as follows.
Let

F = Force applied by the connecting rod to the crank shaft.
A = Area of cross-section of crank pin

L = Length of crank pin

D = Diameter of crankl pin

L = Length of main journal

D= Diameter of main journal

W = width of crank web

T =Thickness of crnk web

R = Radius of crank

X = Distance between centres of main journals

Fr = Radial component of force

Ft = Tangential component of force

The centre crank shaft may be considered as a simply supported beam, loaded at the
centre (i.e at the crank pin) and supportedat the bearings.

Since the force F is shared by the two journals equally the reaction on each journal is F/2
and the maximum bending moment is developed at the centre of crank pin and is equal

Fx
to (77)
STRESSES INDUCED IN THE CRANK PIN

In this case also, the crank pin is subjected to three types of stresses, similar to overhung
crank shaft. They are

1) plain shear stress (or transverse shear stress) due to direct shear force at the area of
cross-section. Ss = F/A =4F/ nd?

Il) Bending stress due to bending moment at the centre of the pin
Sb =32M/ nd® = 4Fx/ nd?
lii O Bearing stress over the projected area,

Sc =F/l.d




STRESSES INDUCED IN THE CRANK WEB

Since this crank shaft is containing two webs, the force supplied by the connnecting rod is
shared by these two webs equally and hence the force applied on one web is only half of
force. The induced stresses are

1) Direct axial stress by the radial force, S, = Fr/wt

Il) Bending stress due to radial force,

Shr :% Force X distance of actwn Fr [(%) ( )]

section modulus 2w

1
6

B 3Fr [(x) — (I + t)]
B wt?2

lIl) Bending stress induced by the tangential force,

M Fr.r 6Fr.r
Shr = — =

Z é w2 tw2

Total resultant stress induced on the web,

S =S, + Spr + Spt

Here radial force Fr = g cos(6+@)

And tangential force, Ft = g sin(6+0Q)

STRESSES INDUCED IN THE CRANK SHAFT MAIN JOURNAL

Since the centre crank shaft is similar to simply supported beam, the bending moment at
the journals is zero. Hence the possible induced stress is due to twisting moment
produced by the tangential force.

16T _ 16Ftr

The torsional shear stress, Ss = — =
D D3

Where F; = g sin(6+0)
Sometimes fly wheels may be connected at the end of journal. For such cases, the

bending moment produced by the weight of the fly wheel on the journal may be taken
into account for the design consideration.




DESIGN OF MAIN BEARINGS

The main bearings, into which the crankshaft journals are rotating, are designed based o
the bearing pressure developed over the projected area.

If D = Diameter of bearing

L = Length of bearing

Load
projected area

Then bearing pressure, pb =

Where W = F for overhung crank shaft

and W = F/2 for centre crank shaft.

DESIGN OF MULTI-THROW CRANK SHAFT

Since the multi throw crankshaft is simply the multiple structure of single throw crank

shaft, the design of multi-throw crank shaft is very similar to the design of single throw
crankshaft.

In this, case , since all the cylinders of the engine posses equal capacity, the force
supplied by one cylinder is used for designing one portion of the crank shaft, (i.e one set
of crank pin web and journal etc) and for the remaining portions, the same design values
are adopted.

DESIGN STRESS VALUES

All parts of crankshaft (i.e crank pin, web & journal) are made of same material and
hence they must have common design stress values. Usual design stress values for the
crank shaft

material (l.e for mild steel) are

i) In bending : 60 to 100 Mpa
ii) In torsion & compression : 80 to 120 Mpa
iii) In shear : 40 to 60 Mpa
iv) In bearing : 10 to 20 Mpa
The design bearing pressure for the bearings are
i) In crank pin :4to 12 Mpa

ii) In main shaft :1.5to 2 Mpa




STEPS INVOLVED IN THE DESIGN OF CRANKSHAFT

. From the given problem, identify the type of crankshaft to be designed, material,
steam, or gas pressure and other given parameters.

. Determine the maximum load acting on the crank pin, maximum torque and bending
moments.

. Find out the parameters of crankpin such as its length, and diameter etc. based on the
bearing pressure and check the induced bending and shear stresses with their
allowable values.

. Design the main journal (i.e shaft) based on maximum torque and bending moment
conditions and check the bearing pressure.

. Select the web parameters proportionately and check their induced stresses.

. In any case, if the induced stress is more than the allowable value, then alter the
corresponding dimensions suitably.

. Usually the following proportions are adopted for the crankshaft parts:

Let d = Diameter of crankpin
D= Diameter of main journal.
Then for overhung crankshaft.

a) Diameter of main journal D =1.25to 1.5d

b) Length of main journal | =1.25D

c) Length of journal inside the crank L1 =1.0to 1.25D
d) Length of crank pin I =1.0 to 1.25d

e) Length of pininside the crank 11 =1.0 to 1.25d

f) Thickness of web t=0.7 to 1.0d

g) Width of web nearer to crank pin a= 1.5d

h) Width of web nearer to journal b = 1.5d

For centre crankshaft

a) Diameter of journalD=d
b) Thickness of web t=0.7d
c) Width of web w =1.5d

The remaining parameters may be calculated based on design stress values.




Example 32.4. Design a plain carbon steel centre crankshaft for a single acting four stroke
single cylinder engine for the following data:

Bore =400 mm ; Stroke = 600 mm ; Engine speed = 200 v.p.m. ; Mean effective pressure = 0.5
N/mmni’; Maximum combustion pressure = 2.5 N/mm?; Weight of flywheel used as a pulley = 50 kN
Total belt pull = 6.5 kN.

When the crank has turned through 35° from the top dead centre, the pressure on the piston is
IN/mm? and the torque on the crank is maximum. The ratio of the connecting rod length to the crank
radius is 5. Assume any other data required for the design.

Solution. Given : D =400 mm ; L =600 mm or » =300 mm ; p, =0.5 N/mm?; p=2.5 N/mm?;
W=50kN;T,+T,=65kN;0=35;p =INmm*;//r=5

We shall design the crankshaft for the two positions of the crank, i.e. firstly when the crank is at
the dead centre ; and secondly when the crank is at an angle of maximum twisting moment.

1. Design of the crankshaft when the crank is at the dead centre (See Fig. 32.18)
We know that the piston gas load,

F, = gx D*xp= %(400)22.5:3142001\1 =314.2 kN

Assume that the distance (b) between the bearings 1 and 2 is equal to twice the piston diameter
(D).

b =2D =2 x400= 800 mm

b 800
2 2

We know that due to the piston gas load, there will be two horizontal reactions /, and H, at
bearings 1 and 2 respectively, such that

_ Fpxby 3142 %400
b 800
Ky xb, 3142 x400
i b= = 800
Assume that the length of the main bearings to be equal, i.e., ¢, = ¢, = ¢/ 2. We know that due
to the weight of the flywheel acting downwards, there will be two vertical reactions 7, and V; at
bearings 2 and 3 respectively, such that

 Wxe Wxel2 W50
v, === =251N

W x Wxel2 W 50
and y,= —2 =022 B 2 _95kN
€ e 2 )
Due to the resultant belt tension (7, + T,) acting horizontally, there will be two horizontal
reactions /7,” and H,’ respectively, such that

E+B)e E+Dyeiz 48 63 _ 4ou
c ¢ 2 2

i+T)e (T+4T)e/2 _T+T 65 4,5\
B & 2 2

Now the various parts of the crankshaft are designed as discussed below:

and bl :bzz = 400 mm

=157.1 kN

=157.1 kN

H) =

and H3' =




(a) Design of crankpin
Let d, = Diameter of the crankpin in mm ;
[ = Length of the crankpin in mm ; and
0, = Allowable bending stress for the crankpin. It may be assumed as
75 MPa or N/mm?.
We know that the bending moment at the centre of the crankpin,
M. =H, - b,=157.1 x 400 = 62 840 kN-mm .--(d)
We also know that

M = 5(d.)’6, = 35(d,)'75 = 7.364(d,)’ N-mm

=7.364 x 107 (d_)* kN-mm
Equating equations (7) and (#i), we have
(d) =62840/7.364 x 107 =8.53 x 10°
d, =204.35 say 205 mm Ans.
We know that length of the crankpin,

F, 3142 x10°
= = =153.3 say | Ans.
L AT 305 < 10 3.3 say 155 mm Ans

[4

...(Taking p, = 10 N/mm?)
(b) Design of left hand crank web
We know that thickness of the crank web,
t =0.65d,+6.35 mm
=0.65 x 205 + 6.35 = 139.6 say 140 mm Auns.

and width of the crank web, w=1.125d, + 12.7 mm

=1.125 x 205 + 12.7 = 243.3 say 245 mm Ans.
We know that maximum bending moment on the crank web,

L ¢
M: Hl[bZ —E—EJ

- 157.1(400 = 1; = #] =39 668 kN-mm

1 1 .
Section modulus, Z = g XW £ = rie 245 (140)* = 800% 10> mm®

M 39 668

Bending stress, 0, = ==~ 5 = 49.6 10~ kN/mm*=49.6 N/mm”
X

We know that direct compressive stress on the crank web,

H 1571 3 s 5
.= ;= 25 %140 = 4.58 x 107 kN/mm~ = 4.58 N/mm
... Total stress on the crank web
=0, +0,=49.6 +4.58 = 54.18 N/mm? or MPa

Since the total stress on the crank web is less than the allowable bending stress of 75 MPa,
therefore, the design of the left hand crank web is safe.

(¢) Design of right hand crank web

From the balancing point of view, the dimensions of the right hand crank web (7.e. thickness and
width) are made equal to the dimensions of the left hand crank web.

(d) Design of shaft under the flywheel
Let d_ = Diameter of the shaft in mm.
Since the lengths of the main bearings are equal, therefore

b 1 155 A
Assuming width of the flywheel as 300 mm, we have

¢ =365+ 300 =665 mm




Allowing space for gearing and clearance, let us take ¢ = 800 mm.
cl =c,= E:@:400mm

-~ 2 2
We know that bending moment due to the weight of flywheel,

My, =V, - ¢, =25 % 400 = 10 000 kN-mm = 10 x 10° N-mm
and bending moment due to the belt pull,
M =H. ¢, =3.25x400= 1300 kN-mm = 1.3 x 10°® N-mm
.. Resultant bending moment on the shatft,

M = \/(MW)2 + (Mp) = \/(10 X 10%) + (1.3 x 10%)
=10.08 x 10 N-mm
We also know that bending moment on the shaft (M),

6 - Tt §s . % 349 _ 3
10.08 x 10 32(ds) o), 32(a{\.) 42 =4.12 (d,)

(d)® =10.08 x 10°/4.12=2.45 x 10% or d = 134.7 say 135 mm Ans.
2. Design of the crankshaft when the crank is at an angle of maximum twisting moment
We know that piston gas load,
F, = %x D*xp’ =%(400)21 =125 680N = 125.68 kN
In order to find the thrust in the connecting rod (F, Q), we should first find out the angle of
inclination of the connecting rod with the line of stroke (i.e. angle ¢). We know that
sin®  sin35°
I/r 5
: ¢ =sin"! (0.1147) = 6.58°
We know that thrust in the connecting rod,
Fo= Fp _ 125.68 _ 125.68
Q cosd co0s6.58° 0.9934
Tangential force acting on the crankshaft,
Fp =Fqsin (0 +¢)=126.5 sin (35° + 6.58°) = 84 kN
radial force, iy &= FQ cos (8 + ¢) =126.5 cos (35° + 6.58°) = 94.6 kN
Due to the tangential force (£7,), there will be two reactions at bearings 1 and 2, such that
T o= Fr X b :84><400
1] b 800

_ Frxb, 84400

and H’rz 5 = 200 =42 kN

Due to the radial force (£5), there will be two reactions at bearings 1 and 2, such that
Fr x by 94.6 x 400
H = —
Ly b 800
g = Fr xb, :94.6><400
K2 b 800
Now the various parts of the crankshaft are designed as discussed below:

=0.1147

sinp =

=126.5 kN

=42 kN

=473 kN

=473 kN

(a) Design of crankpin
Let d, = Diameter of crankpin in mm.




We know that the bending moment at the centre of the crankpin,
M = Hp, *x b, =473 x 400 = 18 920 kN-mm
and twisting moment on the crankpin,
To = Hp xr=42x300= 12 600 kKN-mm
.. Equivalent twisting moment on the crankpin,

T, = J(Mc)? + (To)* = (18 920)? + (12 600)?
=22 740 kKN-mm = 22.74 x 10 N-mm
We know that equivalent twisting moment (7)),

22.74 x 106 = %(dc)% - %(dc)335 = 6.873 (d.)
...(Taking T = 35 MPa or N/mm?)
(d) =22.74 % 106/ 6.873 = 3.3 x 10 or d_= 149 mm

Since this value of crankpin diameter (i.e. d,= 149 mm) is less than the already calculated value
of d, =205 mm, therefore, we shall take d, =205 mm. Ans.
(b) Design of shaft under the flywheel

Lt d_ = Diameter of the shaft in mm.

The resulting bending moment on the shaft will be same as calculated eariler, i.e.

Mg =10.08 x 10° N-mm
and twisting moment on the shaft,
Ty = F, x r=284x 300 =25 200 kN-mm = 25.2 x 10° N-mm
.. Equivalent twisting moment on shaft,

T, = J(Mg)? + (T)

= \/(10.08 x10%)? + (25.2x10%)* =27.14 x 10° N-mm

We know that equivalent twisting moment (7,),

6 = " (d Y1 =" (1351 = 483 156 1
27.14 x 10 16(ds) T T (135)°1 83156 1

T =27.14 x 10/ 483 156 = 56.17 N/mm?

From above, we see that by taking the already calculated value of ds = 135 mm, the induced
shear stress is more than the allowable shear stress of 31 to 42 MPa. Hence, the value of 4, is
calculated by taking T =35 MPa or N/mm? in the above equation, i.e.

27.14 % 105 = %(ds)335=6.873 d.)

o (d)* =27.14 x 10°/ 6.873 =3.95 x 10° or d = 158 say 160 mm Ans.
(¢) Design of shaft at the juncture of right hand crank arm

Let d , = Diameter of the shaft at the juncture of the right hand crank arm.

We know that the resultant force at the bearing 1,

R, = \/(Hn)2 + (Hyg)* = \/(42)2 +(47.3)* = 63.3kN

.. Bending moment at the juncture of the right hand crank arm,

b I, t
MSI :Rl[bz +E+§] —FQ[E-FE]




- 155 140 155 140
=63.3 (400+ > + 2) 126.5(2 + 2]

=34.7 % 10° - 18.7 x 10° = 16 x 103 kKN-mm = 16 x 10°® N-mm
and twisting moment at the juncture of the right hand crank arm,
T, = Fpxr=284x300=25 200 kN-mm = 25.2 x 106 N-mm

.. Equivalent twisting moment at the juncture of the right hand crank arm,
= \/(M51 )+ (Ty)

= \/(16>< 10°)? +(25.2x10°)* = 29.85 x 10° N-mm

We know that equivalent twisting moment (7',),

29.85 x 106 = %(ds1 P1= %(dslf 42 =825 (d,)’

...(Taking T = 42 MPa or N/mm?)
! (d,))* =29.85x 10°/8.25=3.62 x 10° or d, = 153.5 say 155 mm Ans.
(d) Design of right hand crank web
Let o, = Bending stress in the radial direction ; and
o, = Bending stress in the tangential direction.
We also know that bending moment due to the radial component of F, o

[. t 155 140
= o s s | EATE | A o= e £
M, = Hy, [b, > 2] 47.3 ( 00 3 3 jkN mm
=11.94 x 103 kKN-mm = 11.94 x 10® N-mm
We also know that bending moment,

1 2
MR =GbR><Z=GbR>< EX w.t

1
11.94 X 100 = 5, x = X 245 (140)° =800 x 10’ G

O,p = 11.94 x 10° /800 x 10° = 14.9 N/mm? or MPa
We know that bending moment due to the tangential component of F, o

M, = F; [r — %} = 84(300 - %} =18 690 kKN-mm

=18.69 x 10 N-mm
We also know that bending moment,

2

M

T = Opr =Opp X T XIW

6

Opr

18.69 x 100 =5, % X 140(245)* =1.4 x 10°

0, = 18.69 x 10°/ 1.4 x 10°=13.35 N/mm? or MPa
Direct compressive stress,

Fy 94.6

_ - = 3 kN/mm?2 = 1.38 N/mm?
e v T ave il

o)




and total compressive stress,
G, =0 T Opr + Oy

=149 + 13.35 + 1.38 = 29.63 N/mm? or MPa
We know that twisting moment on the arm,

L 155
T = Hr, [bl - 3} =42 [400 - 7] = 13 545 KN-mm
=13.545 x 10° N-mm
and shear stress on the arm,

T 45T  4.5x13.545x10°

T=——= > >
Zp  wit 245 (140)°
We know that total or maximum combined stress,

(©,),.. = 0_2c + %\/(0‘0)2 + 41

_29.63
2
Since the maximum combined stress is within the safe limits, therefore, the dimension
w = 245 mm is accepted.
(e) Design of left hand crank web
The dimensions for the left hand crank web may be made same as for right hand crank web.

= 12.7 N/mm? or MPa

F %\/ (29.63)* + 4 (12.7)* =14.815+19.5=34.315MPa

( f) Design of crankshaft bearings

Since the bearing 2 is the most heavily loaded, therefore, only this bearing should be checked
for bearing pressure.

We know that the total reaction at bearing 2,

FE W T +T, 3142 50 65 -
Be g+ #70 5 F ===+ +—— =18535 kN=185 350N

.. Total bearing pressure

R, 185350
L, -d,; 365x155

s

Since this bearing pressure is less than the safe limit of 5 to 8 N/mm?, therefore, the design is safe.

= 3.276 N/mm”




